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Abstract

Radial turbines have proven their capability in many applications, due to
their ability to operate at high-pressure ratios, structure robustness, and
inherent cost advantages compared to the axial turbine. Controlling their
performance allows efficient operation, even when operating at off-design
conditions. Various control concepts are used for this purpose. These
concepts depend mainly on movable parts and complicated control mech-
anisms, which limits radial turbines usability in some applications. Hence
the need rises for a new control concept based entirely on fixed parts.

Responding to these requirements, the Institute of Thermal Turbomachinery
and Machinery Laboratory (ITSM) at the University of Stuttgart started a
research project which aims to build and test a new control concept for
radial turbines. The idea behind this concept is to replace the traditional
spiral casing with a new casing. This casing consists of multiple channels
which divided the rotor inlet circumferentially to many sectors. Each
channel is connected to control valves. Opening and closing these valves
will control the turbine inlet area and the operating mass flow by applying
different partial admission configurations. The main advantage of this new
concept is that it is based only on fixed geometry, and the control valves
could be placed away upstream of the turbine. Therefore the turbine can
operate under control in any application requiring higher temperature
ranges and smaller turbine size.

Among various radial turbine applications, turbocharger has been chosen to
apply and test the new control concept. In turbocharger application, match-
ing between the radial turbine and the Internal Combustion Engine (ICE) is
a complicated balance of many design parameters. Therefore it requires a
control mechanism to adjust the turbine mass flow for different ICE operat-
ing regimes and achieve an efficient operation. Thus, it was chosen for this
task due to its sensitivity toward the control aspects.

The first assignment of this study is to build a design tool in order to apply
the new control concept by designing Multi-channel Casing (MC) for the
radial turbine. This casing will replace the traditional spiral casing and
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provide a mass flow characteristic comparable to that of the original turbine
design at acceptable operating efficiency. Moreover, this design tool will
be tested experimentally for a selected case to ensure the design require-
ments. After achieving the design requirements, different partial admission
configurations will be applied to control the turbine performance. The
second assignment is to study the effect of the casing replacement on many
radial turbine design aspects such as performance, blade excitation and
aerodynamic damping at full and different partial admissions conditions.

The thesis delivers a MC design model that is capable of replacing the spiral
casing with an MC and ensuring comparable mass flow characteristics. It
proves also that using the MC design can enhance the radial turbine operat-
ing efficiency by 1 up to 3 percent compared to the traditional spiral casing
under some design considerations.

The results illustrate also the effect of using the MC on the turbine
performance and blade vibration during full and partial admission. They
explain the reason behind the efficiency drop during the partial admission
which is attributed mainly to the flow deviation due to the pressure dif-
ference between open and closed channels. They show also how selecting
the channel count and building the excitation map for different admission
configurations is crucial to avoid high blade vibration amplitude and High
Cyclic Fatigue (HCF) during the turbine operation.



Kurzfassung

Radialturbinen haben ihre Leistungsfähigkeit in vielen Anwendungen bewie-
sen, nicht zuletzt aufgrund ihrer Fähigkeit bei hohen Druckverhältnissen zu
arbeiten, robuster Bauart und inhärenten Kostenvorteilen im Vergleich zu
Axialturbinen. Die Steuerung ihrer Leistung ermöglicht einen effizienten Be-
trieb, selbst wenn sie unter Bedingungen außerhalb des Designpunkts be-
trieben werden. Dazu werden verschiedene Steuerungskonzepte verwendet.
Diese Konzepte hängen hauptsächlich von beweglichen Teilen und kompli-
zierten Steuermechanismen ab, was die Verwendbarkeit von Radialturbinen
in einigen Anwendungen einschränkt. Daraus ergibt sich die Notwendigkeit
für ein neues Steuerungskonzept, das vollständig auf festen Teilen basiert.

Als Antwort auf diese Anforderungen hat das Institut für Thermische Strö-
mungsmaschinen und Maschinenlaboratorium (ITSM) der Universität Stutt-
gart ein Forschungsprojekt gestartet, das den Aufbau und die Erprobung ei-
nes neuen Regelungskonzepts für Radialturbinen zum Ziel hat. Die Idee hin-
ter diesem Konzept ist, das traditionelle Spiralgehäuse durch ein neues Ge-
häuse zu ersetzen. Dieses Gehäuse besteht aus mehreren Kanälen, die den
Rotoreinlass über den Umfang in viele Sektoren aufteilen. Jeder Kanal ist da-
bei mit Steuerventilen verbunden. Das Öffnen und Schließen dieser Ventile
steuert die Turbineneinlassfläche und den Betriebsmassenstrom durch An-
wenden verschiedener Teilbeaufschlagungskonfigurationen. Der Hauptvor-
teil dieses neuen Konzepts besteht darin, dass es nur auf einer festen Geo-
metrie basiert und die Steuerventile weiter stromaufwärts von der Turbine
platziert werden können. Daher kann die Turbine in jeder Anwendung kon-
trolliert betrieben werden, die höhere Temperaturbereiche und eine kleinere
Turbinengröße erfordert.

Unter verschiedenen Radialturbinenanwendungen wurde der Turbolader
ausgewählt, um das neue Steuerungskonzept anzuwenden und zu testen.
Bei Turboladeranwendungen ist die Abstimmung zwischen der Radialtur-
bine und dem Verbrennungsmotor ein kompliziertes Gleichgewicht vieler
Konstruktionsparameter. Daher ist ein Steuermechanismus erforderlich, um
den Turbinenmassenstrom für verschiedene Betriebsbereiche des Verbren-
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nungsmotors anzupassen und einen effizienten Betrieb zu gewährleisten.
Aufgrund seiner Sensitivität gegenüber den Steuerungsaspekten wurde
dieser für die Aufgabe ausgewählt.

Die erste Aufgabe der vorliegenden Studie besteht darin, ein Konstruktions-
werkzeug aufzubauen, um das neue Steuerungskonzept anzuwenden, in-
dem ein Mehrkanalgehäuse für die Radialturbine entworfen wird. Dieses
Gehäuse wird das herkömmliche Spiralgehäuse ersetzen und bei akzepta-
bler Betriebseffizienz eine Massendurchflusscharakteristik bereitstellen, die
mit der des ursprünglichen Turbinendesigns vergleichbar ist. Darüber hin-
aus wird dieses Designtool experimentell für einen ausgewählten Fall getes-
tet, um die Designanforderungen sicherzustellen. Nach Erreichen der Aus-
legungsanforderungen werden verschiedene Teilbeaufschlagungskonfigura-
tionen angewendet, um die Turbinenleistung zu steuern. Die zweite Aufga-
be besteht darin, die Auswirkung des Gehäuseaustauschs auf viele Designa-
spekte von Radialturbinen wie Leistung, Schaufelanregung und aerodynami-
sche Dämpfung bei Voll- und verschiedenen Teilbeaufschlagungsbedingun-
gen zu untersuchen.

Die Dissertation liefert ein Modell zur Auslegung von Mehrkanalgehäusen,
das in der Lage ist, das Spiralgehäuse durch ein Mehrkanalgehäuse zu erset-
zen und vergleichbare Massenstromeigenschaften zu gewährleisten. Es be-
weist auch, dass die Verwendung des Mehrkanalgehäuses den Betriebswir-
kungsgrad der Radialturbine im Vergleich zum herkömmlichen Spiralgehäu-
se unter bestimmten Designaspekten um 1 bis 3 Prozent verbessern kann.

Die Ergebnisse veranschaulichen auch die Auswirkungen der Verwendung
des Mehrkanalgehäuses auf die Turbinenleistung und die Schaufelschwin-
gungen während der vollständigen und teilweisen Beaufschlagung. Sie erklä-
ren den Grund für den Wirkungsgradabfall während der Teilbeaufschlagung,
der hauptsächlich auf die Strömungsumlenkung aufgrund des Druckunter-
schieds zwischen offenen und geschlossenen Kanälen zurückzuführen ist.
Sie zeigen auch, wie entscheidend die Auswahl der Kanalanzahl und die Be-
wertung der Anregung für verschiedene Einlasskonfigurationen ist, um ei-
ne hohe Schaufelschwingungsamplitude und hohe Lastwechselfrequenzen
während des Turbinenbetriebs zu vermeiden.
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1 Introduction

1.1 Motivation

Controlling radial turbine during its operation can enhance the working
efficiency mainly during the off-design operating conditions. One of the
examples of how important controlling the radial turbine is the turbocharger
and its application in downsizing the Internal Combustion Engine (ICE).
Matching between the turbine and the compressor onto the ICE requires a
control mechanism for the radial turbine to operate it at a wide mass flow
range with acceptable response time as discussed by Cleni et al. and Glahn
et al. [15, 27]. All the currently used control techniques which provide effi-
cient operation are based on movable parts and complicated control mech-
anisms. It is known as Variable Turbine Geometry (VTG). Feneley et al. and
Tang et al. [20, 74] have summarized and explained the operation of almost
all the used VTG and its role in controlling the radial turbine to match it
with the compressor in the turbochargers application. Examples of the VTG
are sliding ring turbine mechanism, pivoting inlet vane, movable wall volute
as shown in Figure 1.1.

The VTG still has a limitation at high exhaust gas temperatures due to
thermo-mechanical concerns [63] and consequently, it has limited use for
downsized engines, as exhaust gas temperatures increase with increasing
brake mean effective pressure (BMEP) [71]. Most of these engines types de-
pend mainly on the wastegate valve in order to limit the maximum boosting
pressure. Capobianco et al. [9, 10] discussed in detail the performance of
a radial turbine featuring a wastegate valve. Although the wastegate tech-
nique is widely used, it still does not provide the best performance for the
radial turbine in zones of application where the VTG has a limitations. It
wastes part of the energy by bypassing part of the exhaust gases without
energy extraction. Therefore, the need for a novel control system rises. It
should be based completely on fixed geometry to avoid the drawbacks of
the previously mentioned control system.
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(a) (b) (c)

Figure 1.1: Variable Turbine Geometry, (a) Sliding ring mechanism (b) Pivoting inlet
vane (c) Movable wall volute [20].

In response to these needs, the institute of thermal turbomachinery and
machinery laboratory (ITSM) at the University of Stuttgart is researching on
replacing the traditional spiral volute with a Multi-channel Casing (MC) as
shown in Figure 1.2. The idea behind using this type of casing is to divide
the turbine rotor inlet circumferentially into many divisions based on certain
number of channels. This division can be opened or closed by means of
control valves to control the turbine inlet area and consequently provide
mass flow controllability. The MC control concept has advantages compared
to the VTG as it is based on a fixed geometry and the control valves could
be placed an appropriate upstream distance from the turbine rotor. These
advantages will help the new control concept to exist in a wider range of
applications beside giving it more design flexibility and reliability.

Firstly, the idea of connecting a turbocharger featuring a MC turbine to
an IC engine was investigated by Challand et al. [14] after registering the
idea as a European patent (21326 - EP)[13]. This investigation was based
on a theoretical one-dimensional model and Computational Fluid Dynamics
(CFD) simulation to the MC concept and comparing its performance to the
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Volute

MC

(a)

(b)

Figure 1.2: Radial turbine featuring: (a) spiral casing (b) Multi-channel casing

turbocharger featuring VTG turbine. The initial conclusion from this study
showed that the MC has a comparable or even better performance compared
to the VTG and it predicted that the MC could provide an efficient radial
turbine controllability.

Secondly, Fuhrer [24] performed a numerical parametric study to choose
between many geometrical parameters to create a first prototype for the
experimental tests. This study investigated the effect of the channel shape
(curved and straight), adding a splitter to the channel, and some of the
channel geometrical parameters on the turbine performance. Based on this
investigation, a first prototype was recommended to be used in the experi-
mental test.

Thirdly, Ilievski and Müller [36, 56] performed the experimental test for the
turbine featuring the selected MC at the hot gas test stand at ITSM Univer-
sity of Stuttgart. The result of this test showed the performance map of the
new MC concept at full and partial admission and compared it to the spiral
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casing. It showed also that MC has higher swallowing capacity compared to
the spiral casing. Regarding the operating efficiency, the full admission gives
comparable efficiency to the spiral casing with an efficiency drop during the
partial admission, especially at the lower admission percentage.

Finally, Schatz et al. [67] investigated the MC concept in real engine test rig
using a four-cylinder turbocharged Direct Injection Spark Ignition (DISI)
engine from the Volkswagen group. The results showed that the partial
admission concept allows increasing the higher turbine expansion ratio.
However, at low mass flows the efficiency drops related to partial admission
were recorded.

All these investigations paved the way to understand the new concept and
highlighted many questions such as: how could the use of an MC affects
radial turbine design aspects such as performance, reliability, and lifetime?
What are the loss mechanisms of the radial turbine featuring MC on full and
partial admission operation? This study aims to build a numerical design
model for the radial turbine featuring MC and answer these questions.

1.2 Thesis aim

This study aims first to create a numerical design tool to produce an MC
to replace the traditional spiral volute and fulfill the turbine performance
requirements. This design model is based on a CFD model and aims to
investigate some new parameters which have not been covered in the
previous studies and compare their effects on the radial turbine with the
currently used casing. To achieve reasonable comparability, the design
model should provide a comparable operating mass flow rate between the
MC at full admission and the spiral casing while maintaining an acceptable
operating efficiency.

Secondly, this design model is validated using experimental test data for
selected design cases. The experimental test takes place on the hot gas test
stand at ITSM University of Stuttgart.

Thirdly, a CFD model for the MC and the spiral casing are built to study and
understand the internal flow field of the new concept in comparison with
the spiral casing internal flow by performing different parametric studies.
The results of these studies are used to discuss many MC aspects and
their effect on the performance: different channel shapes, different channel
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count, different geometrical parameters, the turbine performance during
the full and partial admission, and the loss mechanisms.

Finally, replacing the spiral volute with the MC affects the unsteady loading
on the rotor blades and consequently the blade vibration behavior. To avoid
High Cycle Fatigue (HCF) and blade failure, the aerodynamic loads and the
blade vibration behavior caused by using the MC concept during full and
partial admission are investigated in the last part of this study.

1.3 Thesis structure

The thesis consists of nine chapters. Chapter 1 introduces the current
study and addresses in detail the motivation of researching in a novel
control mechanism for the radial turbine and the idea behind using MC
for this purpose. It states also the history of the MC control concept and
what is added to this topic during this study. Chapter 2 presents the
required theoretical background to understanding the following investiga-
tions including the radial turbine and turbochargers basics and definitions.
The state of the art of controlling the radial turbine is explained in Chapter 3
with focus on the most commonly used technologies such as the wastegate
valve and the variable turbine geometry with rotating guide vanes. Chapter
4 explains the design model for the MC including all required equations.
Following this a parametric study is conducted to understand the effect
of all the geometrical parameters on the turbine performance. Chapter 5
addresses the experimental test setup which is used to validate this study.
Chapter 6 presents the numerical simulation setup and its validation with
the test data. Replacing the traditional spiral casing with an MC affects
different radial turbine design aspects, Chapters 7 and 8 discuss the effect
of this replacement on the turbine performance and the blade vibration,
respectively. Finally, Chapter 9 sums up all the previous results in the
conclusion section.





2 Basics and Definitions

This chapter deals with the theoretical background of the present study.
First, it presents the basics of a radial turbine and its applications. Then
it focuses on radial turbine application on the turbocharger including ma-
ny topics that are investigated in this study. Finally, it presents the gover-
ning equations which are used in the CFD model which is used to study the
turbine flow.

2.1 Radial Turbine

The radial-inflow turbine, or inward-flow radial turbine, is a rotating machi-
ne that converts the pressure and thermal energy stored in the working fluid
into kinetic energy by rotating the turbine wheel. The fluid enters the rotor
radially from a larger area at its tip and leaves it axially from smaller area at
the rotor eye.

The radial turbine consists mainly of a spiral volute (scroll), inlet guide
vanes, a rotor and an outlet diffuser. In some cheaper applications, the
inlet guide vane can be dispensed, provided that the volute executes his
role in directing the flow toward the rotor inlet. Radial turbine featuring a
multi-channel casing is a new design concept that replaces the spiral vo-
lute and the inlet guide vanes with the multi-channel casing. MC performs
the same function of accelerating and guiding the flow before entering the
rotor. Besides, it applies a turbine partial admission to control the turbine
performance.

2.1.1 Basic Principles

The specific work done by the fluid on the turbine rotor can be calcula-
ted as a function of the velocity components as shown in the Euler turbo-
machinery equation 2.1. where station 2 represents the turbine rotor inlet
and 3 represents the rotor outlet as described in Figure 2.1.



8 2 Basics and Definitions
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β3
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Figure 2.1: Radial turbine components and flow directions

w =U2Cu2 −U3Cu3 (2.1)

A typical design case for the radial inflow turbine is characterized by a radial
relative velocity at the rotor inlet (β2 = 0) and an axial absolute velocity at the
rotor outlet (Cu3 = 0). Applying this case conditions reduces the Euler equa-
tion to simpler form as shown in Equation 2.2. Moreover, the radial inflow
turbine can achieve higher work if the outlet has a negative circumferential
absolute velocity component (Cu3 < 0). This is accompanied by an increase
in kinetic exhaust losses.

w =U2
2 (2.2)

Having studied the radial turbine internal flow experimentally and numeri-
cally by means of CFD, it has been confirmed that the optimum incidence
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angle which leads to the best efficient turbine operation is between β2 =
−20° and β2 = −40°, which leads to a uniform flow within the rotor passa-
ge as reported by [54, 77].

In contrast to variable turbine geometry, the MC has a fixed geometry. it is
designed to provide an optimum exit flow angle for both full and partial
admission. Rohlik [65] performed an analytical investigation to the radial
inflow turbine for different stator exit flow angles α and different specific
speeds Ns as described in Equation 2.3, where N is the shaft speed, Q is the
volumetric flow rate, and ∆hs is the ideal work done by the rotor. The results
of this study are presented in Figure 2.2. It shows the optimum casing exit
angle between 70 and 74 deg.

Ns =
N

√
Q

(∆hs )
3
4

(2.3)

2.1.2 Thermodynamic Characteristics

The adiabatic expansion process for a radial turbine featuring an MC is pre-
sented in Figure 2.3. Station 1-2 represents the MC, 2-3 the rotor, and 3-4 the
outlet diffuser. The total enthalpy across the MC is assumed to be constant,
ht1 = ht2, therefore the static enthalpy drop is calculated as:

h1 −h2 = 1

2
(C2

2 −C1
2) (2.4)

A drop in total pressure occurs between stations 1 and 2 that is due to fricti-
on losses. Whereas the static pressure at station 2 is lower than that at station
1 resulting in fluid acceleration across the MC.

The drop in total specific enthalpy across the rotor is equal to the specific
work done by the fluid on the turbine rotor as:

w = ht2 −ht3 (2.5)

The total pressure along the outlet diffuser decreases from pt3 to pt4 due
to losses while the static pressure usually increases from p3 to p4 given that
part of the kinetic energy from the turbine outlet flow is retrieved. Still ass-
uming adiabatic conditions, the total enthalpy across the outlet diffuser re-
mains constant, ht3 = ht4, therefore the static enthalpy drop is calculated as:
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Figure 2.2: Variation of total-to-static efficiency for a different stator exit flow angles
(adapted from Rohlik 1968) [65]

h3 −h4 = 1

2
(C4

2 −C3
2) (2.6)

Radial turbine isentropic efficiency can be calculated based on two different
definitions. The selection between these two different definitions depends
mainly on the status of the exit kinetic energy whether it adds to the use-
ful work or it is just a waste. In the case of useful kinetic energy, the ideal
isentropic specific work and the isentropic efficiency are defined using the
total-to-total definition as shown in Equations 2.7 and 2.8 respectively.

wt−t , S = ht2 −ht4S (2.7)
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,

Figure 2.3: h-s diagram for radial inflow turbine featuring MC

ηt−t = w

wt−t , S
= ht2 −ht4

ht2 −ht4S
(2.8)

In the case of non-useful kinetic energy, the total-to -static definition is used
and the isentropic specific work and efficiency are calculated as shown in
Equations 2.9 and 2.10 respectively.

wt−s, S = ht2 −hs4S (2.9)

ηt−s = w

wt−s, S
= ht2 −ht4

ht2 −hs4S
(2.10)

The radial turbine degree of reaction is defined as the ratio between the
static enthalpy drop across the rotor and its drop across the entire turbine
stage:
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R = hs2 −hs3

hs1 −hs3
(2.11)

2.1.3 Losses

The useful turbine shaft work can be calculated after subtracting the bea-
ring and the disk friction losses from the turbine stage work. The turbine
stage work is obtained from the isentropic enthalpy difference after having
subtracted the aerodynamic losses, which can be described as follow:

(a) Friction and separation losses

All radial turbine components feature these types of losses to some
degree which mainly depends on blade and channel geometry as well
as surface quality of the wetted surfaces.

(b) Secondary flow losses

Flow circulation in various blade channels and flow phenomena re-
lated to boundary layers are the main reason for these types of los-
ses. They depend mainly on the aerodynamic blade loading and the
geometrical shape of the flow channel.

(c) Shock and incidence losses

Whereas incidence losses appear during the off-design operation,
shock losses appear in case the flow velocities attain or exceed transo-
nic levels.

(d) Tip Clearance loss

Part of the flow flows through the gap between the turbine rotor tip
and the shroud casing without contributing to the useful energy trans-
fer. This is the main reason for this loss type.

For better understanding, Figure 2.4 represents the relative contributions
of the different types of losses to the maximum total-to-static isentropic
efficiency at different specific speeds.
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Figure 2.4: Loss distribution along the maximum static efficiency (adapted from
Rohlik 1968) [65]

2.1.4 Applications

Compared to axial turbines, Inflow Radial Turbines (IRT) have an extensi-
ve range of applications by virtue of their suitability for low volume flow
rates, capacity for higher pressure ratios, and their significant inherent cost
advantage. For these reasons, radial turbines are still used in turbochargers
for cars, buses, trucks, railway locomotives, ships, small gas turbines, rocket
engine turbo-pump, diesel power generators, special steam turbines, and
cryogenic and process expander.

2.2 Turbocharger

Turbocharger is a turbomachine in which a turbine and compressor wheel
are combined to increase the output power of the internal combustion
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engine by making its exhaust gases contribute to this power. The main
components of the turbocharger are shown in Figure 2.5.

The main objective of the turbocharger is to improve the volumetric
efficiency of an ICE by boosting more air into it during the intake stroke. It
can achieve this objective through the following steps:

(a) The turbine wheel converts the pressure and thermal energy stored in
the exhaust gases into kinetic energy in a shaft rotation form.

(b) The extracted power drives the compressor wheel to compress the
ambient air and increase the intake air density.

Turbine Compressor

Figure 2.5: Construction of Turbocharger [68]

2.2.1 Turbine performance

The performance of radial turbine in turbocharger application is presented
in terms of reduced mass flow rate and isentropic total to static efficiency for
different turbine pressure ratio and rotational speed as shown in Figure 2.6.
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This is based on the compressible flow analysis in turbomachinery which is
explained by Dixon and Hall [17]. This analysis expressed the performance
non-dimensional groups as:
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Figure 2.6: Radial turbine performance map

ε , η= f {
ṁ
p

RTt i

D2pt i
,

N Dp
RTt i

, Re , γ } (2.12)

For a radial turbine of a specific size, operating with a single gas at high
Reynolds number, the terms {D, Re, γ, R} can be deleted from equation 2.12.
Under this conditions equation 2.12 becomes:

εt , ηt = f {
ṁt

√
T t

t1

p t
t1

,
N t√
T t

t1

} = f { ṁt
r ed , N t

r ed } (2.13)

where, η, turbine total to static isentropic efficiency, Equation 2.10. ε,
turbine total to static expansion ratio, ṁr ed , reduced mass flow rate and
Nr ed , reduced rotational speed are represented, respectively, as follow:
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εt = p t
t1

p t
s4

(2.14)

ṁt
r ed =

ṁt
√

T t
t1

p t
t1

(2.15)

N t
r ed = N t√

T t
t1

(2.16)

This reduction is done to eliminate the effect of different inlet conditions on
the turbine performance characteristics.

2.2.2 Compressor performance

The compressor performance is plotted in a map represented by relating the
compressor corrected mass flow (ṁcor r ) and the isentropic efficiency (ηC )
to the pressure ratio (π) as shown in Figure 2.7. This performance map is
limited from the left side by the surge line and from the right side by the
choke line.
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Figure 2.7: Compressor performance map
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Surge Line

Operating the compressor at high-pressure ratio and relatively low mass flow
causes an air flow stall at the compressor inlet. This condition interrupts the
flow discharge until a stable mass flow rate and pressure ratio are achieved.
This phenomenon is accompanied by noise and is known as "surging".

Choke Line

The highest compressor mass flow rate is limited by the compressor inlet
cross-section. The mass flow rate cannot be increased when the flow speed
at the rotor inlet reaches sonic velocity. This can be seen on the compressor
map by drawing a choke line which connects maximum possible mass flow
for different speed line.

2.2.3 Power Balance

In turbocharger, the radial turbine wheel and the compressor wheel are
installed on the same shaft. Therefore, the compressor boost pressure ratio
linked to turbine expansion ratio as derived by Nguyen [61]:

πc = pc
out

pc
i n

=
 1 + ηtc ṁt

ṁc

c t
p

cc
p

T t
i n

T c
i n

[
1− (πt )

( γ
t −1
γt )

]
γc

(γc−1)

(2.17)

which can be simplified as:

πc = pc
out

pc
i n

=
 1 + b

[
1− (πt )

( γ
t −1
γt )

]
γc

(γc−1)

(2.18)

where b is a parameter determined mainly by the ICE exhaust temperature
and the overall turbocharger efficiency (ηtc ) as follow:

b = ηtc ṁt

ṁc

c t
p

cc
p

T t
i n

T c
i n

(2.19)

where, (ηtc ) is the turbocharger overall efficiency which equal the product
of turbine, compressor, and mechanical efficiency. Figure 2.8 represents the
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relation between the compressor boosting and the turbine expansion ratio
for different engine operating condition.

1
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Figure 2.8: Turbine and compressor pressure ratios relation

2.2.4 Matching of turbochargers

The ICE is a positive displacement device that has operating characteristics
that differ from those of rotating machinery. Therefore, matching between
them is a complicated process that usually requires an iteration process. This
matching process is described in Figure 2.9. It represents the matching pro-
cedures for a conventional turbocharger with fixed geometry and without a
wastegate valve.

Starting from the ICE the operating point can be projected on the compres-
sor map using the following equation [77]:

πc = V̇ c
i n

T c
out

T c
i n

a

V e
sw ηe

vol N e (2.20)

where, a equals 1 for 2-stroke engine and 2 for 4-stroke engine.

Then the turbine expansion ratio can be calculated after calculating the
parameter (b) using Equations 2.18 and 2.19. Parameter (b) depends on the
TC efficiency, therefore, calculating the turbine expansion ratio might need
an iterative process of calculation. The operating point then can be mapped
to the turbine performance map by knowing the ICE exhaust mass flow rate.
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Figure 2.9: Matching procedure of a conventional turbocharger with fixed geometry
turbochargers

Figure 2.9 describes different operating conditions by the red, green, and
blue dot which represents the TC operation at the normal, part-load, and
over-load operating conditions, respectively. Assuming that all parameters
in the b-param equation remained the same.

The turbine and compressor are designed to have the best efficiency opera-
tion when the ICE operates at a medium speed which is plotted on the TC
matching map by the red dot.
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At low ICE rotational speed, the ICE delivers low mass flow rate of the
exhaust gases. These gases drive the turbine at a low expansion ratio. This
results in operating the compressor at a low-efficiency and low boost region
near the surge line as described by the green dot.

Operating the ICE at a high rotational speed leads to a high amount of
exhaust gases which drives the turbine at a high expansion ratio. This
forces the compressor to operate near the choke condition at low operating
efficiency as represented by the blue dot.

2.3 Radial Turbine Design Aspects

2.3.1 Static Loads

During radial turbine operation, the rotor blades are exposed to static loads
which cause static stresses. These stresses can be quantified by measuring
the rotor deformation. Typical static stresses applied to the turbine rotor are
the working fluid pressure loads, thermal loads and centrifugal loads.

2.3.2 Dynamic Loads

In addition to static loads during operation, the turbine rotor is exposed to
dynamic loads that may cause vibrations and alternating stresses. The main
reason for such vibrations is the interaction of unsteady aerodynamic forces
(both in terms of damping and excitation) and structural dynamics, which
commonly is referred to as "fluid-structure interaction". The frequency of
these periodic forces depends mainly on the relative motion between the
rotor and stator. Based on its frequency, the blade vibration can be classified
into synchronous vibration which occurs at a frequency equal to a multiple
of the rotational speed or Non-Synchronous Vibration which is not related
to the rotational speed.

The turbine rotor blade vibrates at resonance conditions when the frequency
of the excitation force equals one of the natural frequencies of the rotor
structure. This vibration can lead to serious problems such as High Cyclic
Fatigue (HCF). One possibility to assess whether a component may fail due
to HCF is by using a Haigh diagram as the one shown in Figure 2.10 in which
stress situations at various locations are characterized by means of mean
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and alternating stresses. Any combination of these stresses above the fatigue
line would indicate a potentially damaging situation. The second problem is
the blade flutter that can take place in case of undamped motion (i.e., nega-
tive damping coefficient).

Modified
Goodman Line

Alternating
Stress

Mean Stress

TensionCompression

u

fSafe
 region

Figure 2.10: Haigh Diagram

2.3.3 Structural Dynamics

Radial turbine wheel consists of disk and set of blades which together are
known as turbine blisk. The eigen-frequencies and mode-shapes of the blisk
can be determined by solving the equation of motion considering the struc-
ture mass and stiffness as shown as follow:

[K ]− [M ]λ= 0 (2.21)

The mode-shapes of the turbine blisk are described as a combination of the
blade (simple beam) and the disk mode-shapes. The blade mode-shapes are
classified into bending, torsion, and edgewise bending modes depending on
the inflection lines count and its orientation as shown in Figure 2.11.

Besides, the disk mode-shapes are classified based on the Nodal Diameter
(ND) which refers to the number of the inflection lines across the disc
diameter as shown in Figure 2.12. Blade and disk combination in the
turbine blisk limits the maximum possible ND by the maximum possible
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Figure 2.11: Beam mode-shapes

axis-symmetric division count which can be written as a function on the
blades count as shown in Equation 2.22

� � �
� �

�
ND 1 ND 2

Figure 2.12: Disk mode-shapes

N Dmax =
Z /2 Even Blade Count

(Z −1)/2 Odd Blade Count
(2.22)
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2.3.4 Resonance Crossings

To excite the turbine blisk mode-shapes, two conditions are required to be
fulfilled:

(a) Excitation frequency must equal the natural frequency of the rotor.

(b) the circumferential excitation pattern and nodal diameter pattern
must coincide.

These conditions are satisfied at the crossing of the natural frequency and
the excitation zig zag line as shown in the ZZENF (Zig Zag shaped Excitation
line in Nodal diameter versus Frequency) diagram in Figure 2.13.
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Figure 2.13: ZZENF diagram

The blue squares represent the rotor eigenfrequencies, and the zig-zag line
represents the excitation frequency at a single rotational speed, (N) as a
function of ND. This is described in Equations 2.23 and 2.24, where EO is
the Engine Order (integer multiple of the rotational speed), N Dmax is the
max possible ND according to Equation 2.22.
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fexci t = EO
N

60
(2.23)

EO =
∃ a ≥ 0,∀ N D = {0 : N Dmax } : EO = (aZ +N D) BTW

∃ b > 0,∀ N D = {0 : N Dmax } : EO = (bZ −N D) FTW
(2.24)

Different NDs can also be represented in terms of the Traveling Wave Modes
(TWM), which result from the nodal diameter lines rotation. The traveling
wave has two possible directions with respect to the blisk rotational direc-
tion. BTW is Backward Traveling Wave (counter the rotational direction),
and FTW is the Forward Traveling Wave (with the rotational direction). This
traveling wave is defined by the Inter-Blade Phase Angle (IBPA) which repre-
sent the relation between the ND and the blade count as follow:

σ= 2 π N D

Z
(2.25)

2.3.5 Excitation Forces

In several applications, it may be impossible to avoid operating at resonance
crossing as shown in the ZENF diagram Figure 2.13. Therefore it becomes
crucial to investigate the excitation forces to avoid the HCF consequences.

An evaluation to the excitation mechanism and its intensity takes place follo-
wed by a forced response analysis to confirm that the turbine will operate at
the infinite lifetime region as described in the Figure 2.10. The turbine blisk
excitation sources are described in Figure 2.14 and are classified as follow:

(a) Potential interaction

The relative motion between the rotor and the casing creates an
unsteady potential field which results in unsteadiness in the static
pressure field acting on the rotor.

(b) Wakes

The dead zone between two casing channels forms a wake region.
When the rotor passes through this region the leading edge static
pressure is reduced and causes flow unsteadiness.

(c) Flow circulation at LE
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Figure 2.14: Excitation mechanisms in RT featuring MC

Operating at off-design condition causes a flow incidence that
produces an unsteady flow circulation at the leading edge.

(d) Tip gap flow

The pressure difference between the pressure and suction sides results
in flow leakage between the rotor tip and the casing shroud. This flow
is characterized by unsteady circulation.

(e) Rotor back flow

Operating the radial turbine at Partial Admission (PA) mode causes
an unsteady backflow between two adjacent rotor passages having
different static pressure.
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All these flow unsteadiness can excite the turbine blisck and cause blade
vibration if the resonance conditions are satisfied as described before.

2.3.6 Damping

At the resonance crossing, the maximum vibration amplitude is not only
controlled by the excitation force but also by the system damping. Therefore
predicting the damping coefficient is important to solve the dynamic equa-
tion of motion. Mechanical and aerodynamic damping are considered the
main damping sources for turbomachinery blisks. In radial turbine applica-
tion, the contribution of the mechanical damping is negligible compared to
the contribution aerodynamic damping as described by Giersch et al., Kam-
merer et al. and Zemp et al. [26, 38, 84].

There may be situations in which the aerodynamic damping is dominant in
the radial turbine application. Aerodynamic damping can reach up to 0.02
of the critical damping ration as reported in [47]. It is generated by the static
pressure perturbation caused by fluid-structure interaction during the bla-
de vibration. The effect of fluid-structure interaction on the static pressure
is explained in Figure 2.15. Aerodynamic damping is affected mainly by the
operating condition, mode-shapes, vibration frequency, and IBPA.

Mayorca [47], Vasanthakumar [75], and Elder et al. [19] calculated the aero-
dynamic damping coefficientl using the following derived equation:

ζaer o = −Wc ycle

8 · π3 · f 2 ·SF 2 (2.26)

where Wc ycle is the exchange work between the blade and the surrounding
fluid during one vibration cycle and can be calculated using the following
equation:

Wc ycle =
∫ to+T

to

∫
p ~v · ~n d A d t (2.27)

2.4 Computational Fluid Dynamics

Similar to other types of turbomachinery, radial turbines are characterized
by a highly turbulent flow with a wide range of time and length scales.
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Figure 2.15: Static pressure perturbation due to blade vibration

Navier-Stokes equations are used to describe the flow in the radial turbine.
Many approaches are presented to solve these equations numerically and si-
mulate the flow in the turbine. Resolving all range of time and length scale
can be achieved by the Direct Numerical Simulation (DNS) which is not used
because of its high computational cost. Smagorinsky [73] presented another
approach to solve the Navier-Stokes equation by filtering out the smallest
length scales, which are the most computationally expensive to resolve. This
approach is known as Large Eddy Simulation (LES) and its application in tur-
bomachines flow simulation started to grow after the exponential increase of
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the computational power. However, it still requires relatively hight calculati-
on time.

Applying Reynold decomposition to the Navier-Stokes equations and
averaging it with respect to time results into the Reynolds-averaged Navier-
Stokes equations (RANS) [1]. These equations can be used with some
approximation to model the turbulent flow as presented for the first time
by Reynold [64]. RANS equations for compressible flow can be written after
dropping the bar for averaged quantities, except for products of fluctuating
parts as follows [4]:

∂ρ

∂t
+ ∂

∂xi
(ρui ) = 0 (2.28)

∂ρui

∂t
+ ∂

∂x j
(ρui u j ) =− ∂p

∂xi
+ ∂

∂x j
(τi j −ρũi ũ j )+SM (2.29)

∂ρht

∂t
− ∂p

∂t
+ ∂

∂x j
(ρu j ht ) = ∂

∂x j

(
λ
∂T

∂x j
−ρũ j h

)
+ ∂

∂x j

[
u j

(
τi j −ρũi ũ j

)]
+SE

(2.30)

The presented equations are second-order nonlinear partial differential
equations in 3D space. They have three velocity components ui , pressure p,
temperature T , density ρ, and enthalpy h as unknown variables. To close the
system of equations, the equations of state for density ρ and for enthalpy h
are required. they can be described for the ideal gas as follows [4]:

ρ = p

RT
(2.31)

dh = cp (T ) dT (2.32)

In the framework of this study, the RANS equations are solved using the
commercial software Ansys CFX 19.2 [2–4]. The Reynold stresses (ρũi ũ j ) and

Reynold flux (ρũ j h) terms in RANS equations are modeled using the Shear
Stress Transport (SST) two-equation eddy-viscosity turbulence model. The
model combines the k −ω turbulence model [81, 82], and k − ε turbulence
model [37, 44] such that the k−ω is used in the inner region of the boundary
layer and switches to the k −ε in the free shear flow [52].
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The gradients of the flow variables in the near wall region (boundary
layer) are higher compared those in the mainstream region. Therefore the
numerical grid of this region requires special treatment for accurate flow
prediction. Flow in turbulent boundary layer depends on the wall distance
y , kinematic viscosity ν and the sheer-stress velocity uτ. These parameters
form a dimensionless parameter y+ as follow:

y+ = yuτ
ν

(2.33)

where the sheer-stress velocity uτ is function of the wall shear-stress and the
fluid density ρ as follow:

uτ =
√
τw

ρ
(2.34)

The dimensionless parameter is used in the CFD simulation to assess the
boundary layer discretization.

Choosing appropriate y+ value is very important to accurately predict the
flow in the boundary layer and save the computational time. For instance,
when using the SST it is important to choose y+ between 1 and 5 to use
the enhanced wall treatment method and accurately resolve the viscous sub-
layer as descried in Figure 2.16. In the turbomachinery application, the tran-
sition from the viscous sublayer to the buffer layer takes place at y+ lower
than 5 due to the strong curvature, separation, and pressure gradient. The-
refore, in Turbomachinery simulation, y+ is recommended to be around 1 to
avoid placing the first cell on the buffer layer.

For complex geometries it becomes difficult to place the first cell in the
viscous sub-layer. Thus it can be placed in the log law region with y+
between 30 and 200 and using a scalable wall function to reasonably predict
the majority of high-Reynolds-number, wall-bounded flows. The automatic
wall function in the CFX solver is a powerful tool to switch between the
enhanced wall treatment and the selected wall function based on the
y+ value. At any cases, the y+ is not recommended to be between 5 and
30 because it fails to predict the flow using neither the linear nor the
logarithmic function as shown in the buffer layer region in Figure 2.16.
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3 State-of-the-art of RT Operation
Control

Fixed geometry turbochargers without control mechanisms have two main
problems. Firstly, at a low ICE rotation speed, the amount of exhaust gas is
not enough to efficiently drive the turbine which leads to an insufficient or
none compressor boost. Secondly, at high ICE rotational speed, the exhaust
gases with high mass flow rate drive the turbine at high rotational speed and
expansion ratios which result in an excessive compressor boost. Besides, the
turbine choke results in an increase in the ICE back-pressure and cut on
power. These matching problems are illustrated in Figure 2.9.

This chapter presents and explains the most commonly used mechanisms in
controlling the operation of the radial turbine and solve these problems. Two
main control concepts are being widely used: the wastegate and the Vari-
able Geometry Turbine (VGT). VGT is presented in this study by the Variable
Nozzle Turbine (VNT) mechanism and the Variable Area turbine (VAT) me-
chanism. The other machines which are used to vary the turbine geometry
are not considered in this chapter.

3.1 Wastegate

A wastegate is a bypass valve that redirects a certain amount of the exhaust
gases around the turbine rotor in a turbocharger to limit the compressor
boost. A schematic drawing for the wastegate turbocharger is shown in
Figure 3.1

3.1.1 Function

(a) Limit the compressor boost at high ICE speed

A portion of the ICE exhaust gases is discharged through the wastega-
te valve i.e. bypassed around the turbine wheel. This results in a lower
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Figure 3.1: Turbocharger featuring wastegate schematic drawing

turbine flow and gives a constant boost pressure at high ICE speed
which avoids choke conditions. This process is descried in the turbo-
charger matching map by the blue points in Figure 3.2.

(b) More compressor boost at low ICE speed

Wastegate usage facilitates utilizing a lower flow capacity turbine (low
A/R ratio) compared to the ideal size for mid-speed design point. This
provides a higher low-speed boost pressure far from the surge condi-
tions. This process is descried in the turbocharger matching map by
the green points in Figure 3.2.

3.1.2 Classifications

According to installation position

(a) External

An external wastegate is an unconnected self-contained mechanism
typically used with turbochargers that do not have an internal waste-
gate.
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(b) Internal

An internal wastegate is an integrated bypass valve and passage within
the turbine casing which allows part of the exhaust gases to bypass the
turbine wheel into the downstream exhaust.
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Figure 3.2: Turbocharger matching map for wastegate

According to control type

(a) Pneumatic

The pneumatic control mechanism is considered the simplest closed-
loop control mechanism for a wastegate. It is based on supplying
pressurized air directly from the discharge side of the compressor
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to the wastegate actuator. The wastegate will open further as the
pressurized air pushes against the spring in the wastegate actuator till
equilibrium is reached.

(b) Electric

The Electric control mechanism is based on an electric signal from the
Electronic Control Unit (ECU) of the engine to open or close the wa-
stegate and achieve the required boost level.

3.2 Variable Geometry Turbine

Although the wastegate provides a higher boost at low ICE speed and limits
the boost at high speed, it wastes part of the exhaust gases and limits the
boost at design point. This where the advantage of using the Variable Geo-
metry Turbine (VGT) mechanisms comes in. It is a controlling approach that
changes the geometry of the turbine housing as the ICE speed changes. Ma-
ny different mechanisms are used to achieve this geometry change. In this
section, the Variable Area Turbine (VAT) and the Variable Nozzle Turbine
(VNT) are presented as the most commonly used mechanisms nowadays.
The schematic drawing for both control mechanisms is shown in Figure 3.3.

(a) (b)

Figure 3.3: Schematic of the VAT (a) and VNT (b) control mechanisms

Capobianco and Gambarotta [9] performed a comparison between the VGT
and the wastegate. The first step of this comparison was to ensure a compar-
able mass flow condition for all these turbocharger control mechanisms.
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Therefor, they adjusted the position of the guide vane in case of the VNT and
the movable element in case of the VAT to operate the turbocharger at the
same mass flow compared to Fixed Turbine Geometry (FTG) with complete-
ly closed wastegate as shown in Figure 3.4. The comparison shows that the
FTG with a closed wastegate at low ICE speed has relatively higher efficiency
compared to the VGT. This is due to incidence losses, increased friction sur-
face (due to the more walls), leakage losses through clearances between con-
tour walls and vanes and, the wake losses behind the guiding element in the
case of VAT as reported by Flaxington et al. and Hirhikawa et al. [21, 33].
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Figure 3.4: Turbine performance for VTG and FTG (adapted from Capobianco and
Gambarotta [9])

Although the wastegate has a relatively high-efficiency at low ICE operat-
ing speed, its efficiency drop after being opened at the higher speed range
in order to bypass part of the ICE exhaust gases to limit the compressor
boost [8]. In contrast, the VGT can adjust the throat area and shows bet-
ter performance at a wider range of operation compared to the wastegate as
described in Figure 3.5.

Matching between the turbine featuring VGT mechanisms and the compres-
sor to the ICE is described in Figure 3.6. At low engine speed, the control me-
chanism reduces the turbine inlet area to accelerate the exhaust gases and
increase the turbine operating pressure ratio. These in turn provide higher
compressor boost and avoid operating it at surge conditions. Turbocharger
operation at low engine speed for both controlled and uncontrolled turbine
are represented by the green points in Figure 3.6.
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Figure 3.5: Optimum efficiency for VGT and FTG (adapted from Capobianco and
Gambarotta [9])

At high engine speed, the control mechanism increases the inlet turbine
area to provide more turbine capacity and adjust the turbine expansion
ratio to avoid high compressor boost and choke condition. This operation
is represented by the blue points in Figure 3.6.

Most of the gasoline engines depend on the wastegate mechanism in
controlling turbocharger. The idea of the VGT is still not widely applicable
to such engine type. Two main reasons are behind the difficulty of using
VGT in the gasoline engine. First, the high temperature of the exhaust gases
which produce high thermal stresses on the movable parts. seconds, the
turbocharger size is small which makes it difficult to fit such movable parts
in the turbine housing.

In contrast, the diesel engine is characterized by a lower exhaust gas
temperature compared to gasoline engines. besides, the turbochargers
attached to it are relatively bigger. Therefore, the VGT is applicable for such
engines.

The gasoline engine still waiting for a cheap and reliable control system that
has efficient performance than the wastegate systems [76].

MC is a novel control system based on fixed geometry and aims to achieve
a controlled operation comparable to the VGT by applying different partial
admission configuration. This achieves the simplicity of the wastegate with
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Figure 3.6: Turbocharger matching map for VGT

the efficiency of the VGT. The design model of the MC and its effect on many
radial turbine design aspects is explained in the following chapters.





4 Multi-channel Casing Design

This chapter illustrates the MC concept and the design procedures to re-
place the traditional spiral casing while fulfilling the basic requirements from
the turbine casing as described by Ebaid [18]. The replacement process ta-
kes place based on two objectives. Firstly, MC should provide a comparable
mass flow rates during turbine operation. Secondly, running the turbine at
an acceptable efficiency compared to the original system.

4.1 Definitions

Multi-channel Casing is a radial turbine casing that replaces the traditional
spiral one to provide a turbine operation controllability. It consists of multi-
ple flow channels, each channel bound by four surfaces: right and left side-
walls (single arc curvature), hub wall and shroud wall as shown in Figure
4.1. Each channel provides the turbine separately with the working fluid.
The turbine operation can be controlled by closing and opening different
channel combinations.

Channel Hub

Multi-channel
Casing

Channel Left
Wall

Channel Right
Wall

Channel 
Shroud

Rotor

Figure 4.1: Multi-channel casing geometrical parameters
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4.2 Design parameters

Nine independent parameters describe the shape of the channel. These pa-
rameters are represented in red color in Figure 4.2 and listed in Table 4.1.
The other input or dependent parameters are represented in green and blue,
respectively.

22r

2r

Figure 4.2: Multi-channel casing geometrical parameters

The flow channel can be represented as a curved nozzle with a throat area
(Ath) as shown in Figure 4.3. This area can be represented as follows:

Ath = f1(D1, D2, δ, γ, θr 1, θr 2, θL1, θL2) (4.1)

The function f1 is derived in Appendix 1. Part of the design parameters can
be constrained based on practical considerations as follows:

(a) Minimizing the flow separation in the interaction between the inlet
tube outlet and channel inlet by installing them tangentially.

D0 = b1 = f2(γ), θr 1 = f3(θL1) (4.2)



4.2 Design parameters 41

Table 4.1: Multi-channel casing design parameters

Parameter Description Type

D1 Casing inlet diameter Independent parameter

D2 Casing outlet diameter Independent parameter

D0 Inlet tube diameter Independent parameter

b1 Casing inlet width Dependent parameter

b2 Casing outlet width Dependent parameter

δ Opening angle Independent parameter

γ Hub inclination angle Independent parameter

θr 1 Casing right wall inlet angle Independent parameter

θr 2 Casing right wall outlet angle Independent parameter

θL1 Casing left wall inlet angle Independent parameter

θL1 Casing left wall outlet angle Independent parameter

Figure 4.3: Multi-channel casing throat cross-section area

(b) For smoother channel curvature, the casing channel outlet angles are
dependent.

θr 2 = f4(θL2) (4.3)
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After considering previous design constraints, Equation 4.1 can be reduced
to the form:

Ath = f5(D1, D2, D0, δ, θL1, θL2) (4.4)

The total casing throat area is considered as follows:

Ath.t = Ath ×Nch = f (Nch , D1, D2, D0, δ, θL1, θL2) (4.5)

4.3 Test case

The turbocharger K03/05 from Borg Warner Turbo Systems (BWTS) is cho-
sen as a test object in this study. The radial turbine of this turbocharger is
designed originally with a traditional spiral casing. The performance charac-
teristic of it is chosen as a reference performance to be compared with the
MC performance The main metrics for the turbine rotor are shown in Figure
4.4.

Figure 4.4: Turbine rotor

The performance of the turbine featuring spiral casing at different expansi-
on ratios and rotational speeds is tested experimentally to validate the stea-
dy with mixing-plane CFD model. After the validation, the spiral casing is
replaced by an MC casing in the CFD model to study the effect of different
geometrical parameters on the turbine performance. This parametric study
is presented in the following section.
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4.4 Parametric study

The total throat area of flow channels in MC is governed by seven parameters
as described in Equation 4.5. This section assesses the effect of these para-
meters on the turbine performance including mass flow rate and the operat-
ing efficiency. This assessment takes place through a parametric study using
a CFD model which is explained in chapter 6.

4.4.1 Channel Count

Channel count is a key factor in MC design process. Understanding its effect
on the turbine performance helps the designer to select an optimum va-
lue. Therefore, different cases have been numerically investigated to achieve
this target. These cases have the same total throat area which is equal to
the throat area of the spiral casing but with different channel count. This
investigation takes place at the same operating conditions and the same
channel shape.

The performance of a radial turbine featuring an MC with different channel
count in comparison with a traditional spiral casing is shown in Figure
4.5. The reduced mass flow rate and the isentropic efficiency for different
channel counts are normalized by the reduced mass flow rate and the
isentropic efficiency of the spiral casing at the same operating conditions.
It shows that the MC has a higher swallowing capacity compared to the
spiral casing even with the lowest channel count. Moreover, increasing the
channel count leads to an increase of the swallowing capacity of the MC.
On the other hand, the isentropic efficiency of MC increases with increasing
channel count up to a certain value and then decreases again.

To understand the reasons behind the increase in the turbine swallowing
capacity, a flow field investigation is performed. It evaluates the changes in
some flow aspects that might have led to this effect, e.g., the operating mass
flow rate, absolute velocity angle at the rotor inlet, and the flow behavior at
the radial gap between the rotor and the casing.

The flow investigation shows that MC with different channel count has a
significant effect on the rotor inlet velocity angle. Theoretically, an infini-
te number of casing channels leads to a homogeneous flow angle without
any flow deviation from the designed angle. However, in real design due
to the finite number of channels, the flow can deviate from the designed
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Figure 4.5: Effect of channel count on the turbine performance

angles, which results in flow circulation at the rotor-casing interface which
in turn affects the operating mass flow rate and efficiency. To quantify this
phenomenon for different channel count, the circulating flow at the turbine
rotor inlet is calculated from the numerical results using Equation 4.6 [28]
after calculating the radial velocity components for each case as described
in Figure 4.6.

ṁc = 1

2
ρ

[∫
A

∣∣Cr
∣∣ d A −

∫
A

Cr d A

]
(4.6)

Figure 4.6: Radial velocity component at rotor inlet

The MC with different channel count has been designed to operate at a
comparable mass flow rate as the reference wastegate spiral casing. This
required total throat area adjustment by adjusting different design parame-
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ters as described in Equation 4.5. The change in throat area compared to the
reference case and the mass flow rate of the circulating flow relative to the
main mass flow rate for different MC channel count is represented in Figure
4.7.

The results show that operating the RT at a comparable mass flow rate re-
quires reducing the MC throat area when increasing the channel count, as
described by the throat area trend line in Figure 4.7. Moreover, the mass flow
rate of the circulating flow at the rotor-casing interface for different channels
count has the same trend as the reduction of throat area. This indicates that
the reason behind the high swallowing capacity of the MC is resulting from
enhancing the flow guidance by reducing the slip factor of the flow at rotor
inlet. The enhancement of flow guidance increases with the MC channels
count.

Channel count

Figure 4.7: Relation between throat area and flow circulation for different Nch

Regarding the operating efficiency, increasing the MC channel count redu-
ces the loss produced by the circulating flow at the rotor-casing interface.
However, a high number of channels leads to higher friction losses due to
the increase of the wetted surfaces. Therefore, there is an optimum channel
count and after this number, the efficiency drops again due to the increase of
the friction losses. This optimum value is between seven and ten channels,
depending on the operating condition as shown in Figure 4.8. It represents
the performance deviation between MC and reference case. The deviation in
mass flow is lower than 0.5% which allows a reliable efficiency comparison.
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Moreover, the MC with 3 and 4 channels shows lower operating efficiency
compared to the spiral casing, while MC with 5 channels and more have a
higher efficiency compared to the spiral casing.

,
,,

,

Figure 4.8: Turbine performance for different Nch

To illustrate the effect of channel count on the inflow angle at the rotor-
casing interface, a contour plot of the absolute velocity angle is shown in
Figure 4.9. It represents the angle values at the rotor inlet and the casing
outlet. Increasing the channel count leads to more homogeneous inflow an-
gle and reduces the backflow at the rotor inlet. Lower channel count leads to
highly deviated inflow angles compared the optimum one which is defined
around 72 degree as described before in Figure 2.2. The highest deviation
can be found at the space between two adjacent channel flows in the casing
outlet and immediately at the rotor inlet near the blade leading edge from
the pressure side, hub and shroud.

4.4.2 Channel Outlet Diameter

Channel outlet diameter (D2) represents the diameter at the casing nozzle
end as described in Figure 4.2. In this study, it is defined as a dimensionless
parameter by normalizing it using the rotor inlet diameter (D2r ). This di-
mensionless parameter represents the radial gap between the casing outlet
and the rotor inlet.

This section investigates the effect of the channel outlet diameter on the
performance of a radial turbine featuring MC. Five MC cases with different
radial gaps are modeled for this purpose starting from narrow radial gap
(D2/D2r = 1.05) to a wide gap (D2/D2r = 1.55). All other design parameters
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Figure 4.9: Absolute velocity angle (α) contours: (left) rotor inlet, (right) casing
outlet

are adjusted to achieve a constant throat area (Ath) and constant channel
outlet area for all these selected cases. This comparison takes place at the
same operating conditions.

The effect of different radial gaps on the reduced mass flow rate and isen-
tropic total to static efficiency is shown in Figure 4.10. Increasing the gap
between the casing and the rotor inlet results in an almost linear reduction
of the mass flow rate. Regarding the operating efficiency, it slightly incre-
ases with the increase of the radial gap up to certain critical value where
R2/R2r = 1.15 and then deteriorates after it.

D D r D D r

Figure 4.10: Effect of the channel outlet diameter on the turbine performance
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To understand the effect of the radial gap on the turbine mass flow rate, the
velocity triangle for the different radial gap cases is calculated. Increasing the
radial gap deviates the velocity triangle at the rotor inlet from its ideal form
at the best efficiency point. An increase in radial gap increases the absolute
velocity inlet angle (α) and the relative inlet velocity angle (β). This leads to
a high positive inflow angle as described in Figure 4.11.

This deviation in the velocity triangle reduces the radial velocity component
at the rotor inlet resulting in a lower mass flow rate. It has also an effect on
the operating efficiency. High inflow incidence produces flow vortex as de-
scribed by the flow streamline at rotor midspan for two different radial gap
values in Figure 4.11. This vortex increase energy losses and reduces operat-
ing efficiency.

 

1.05 1.55

1.05 1.55

r r

r

r

r

r

r

r r

Figure 4.11: Effect of the channel outlet diameter on the flow direction, Top: Veloci-
ty triangle at rotor inlet. Bottom: Streamlines at rotor mid span.
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To compensate the effect of increasing the radial gap and achieve compar-
able mass flow rate for different radial gaps, the throat area for single
channel should be increased linearly according to the following relation.

Ath = 64.28 (
D2

D2r
) + 6.45 (4.7)

After adjusting the channel throat area, the deviation percentage of mass
flow rate from the reference value and the operating efficiency is plotted in
Figure 4.12. It shows that the linear increase of channel throat area with in-
creasing the radial gap achieves a comparable turbine mass flow rate. The-
refore, the variation in efficiency as shown in Figure 4.12 is only because of
the change in the radial gap.

r r

Figure 4.12: Effect of the channel outlet diameter on the turbine performance, at
comparable mass flow rate

In comparison with the movable guide vanes, the radial gap effect on operat-
ing efficiency is similar to its trend for the new MC. This could be compared
with the trend concluded by Ke et al. [40]. They performed an investigation
about the effect of the different radial gaps between the turbine rotor and
the guide vanes on the turbine performance.

4.4.3 Other Geometrical parameters

This section investigates the effect of the remaining geometrical parameters
on the turbine performance. These parameters are linked to each other the-
refore their effect on the performance is presented in combination with each
other. Each combination of these parameters includes channel inlet angle
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(θL1), channel outlet angle (θL2), opening angle (δ), and casing inlet diameter
(D1) represents a different shape of the flow channel and its inclination re-
lative to the rotor inlet.

The flow in each casing channel can be considered as a flow inside a nozz-
le. This nozzle is characterized by the area ratio (A0/Ath) which represents
the inlet tube cross section area divided by the channel throat area and the
nozzle inclination angle relative to the rotor. Fifteen cases are generated re-
presenting different shapes of the casing channel as shown in Table 4.2 and
4.3.

Table 4.2: Geometrical parameters for the first group of selected cases

High Medium Low

3 2 1

2.5

,,,,

1.75 1

2 1.5 1

73 mm2

1
0

2
0

The first nine cases as shown in Table 4.2 represent a combination between
different area ratios and channel outlet angles. A low area ratio produces
a channel with high curvature. This curvature reduces with increasing the
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outlet angles. All these casings are designed to have a comparable size (Ath

= constant) in order to have a reasonable comparison.

The effect of the channel outlet angle for different area ratios is shown
in Figure 4.13. Different area ratios show comparable turbine performance
behavior for different outlet angles. The turbine mass flow rate increases li-
nearly with an increasing outlet angle. This behavior is attributed to the re-
duction in the flow angle (α2) which leads to higher radial component of
the absolute velocity at the rotor inlet for the same rotational speed. This
figure shows also that the mass flow rate sensitivity towards the outlet an-
gle is dominant compared to the change in area ratio of the channel. The
mass flow rate could be affected up to 7% for the mentioned change range
of the outlet angle. Moreover, increasing the outlet angle reduces operating
efficiency. This is attributed to the change in inflow angles as well as the
change in flow velocity due to different operating mass flow rate.

High Medium Low:

Figure 4.13: Effect of the channel outlet angle on the turbine performance for
different casing area ratios

Effect of the different area ratio on the turbine performance for different
outlet angles appears in Figure 4.14. The change in the area ratio has a mi-
nor effect on the mass flow rate except for the low values where the channel
has a significant curvature. In this case, the operating mass flow rate reduces
within range of 1% to 4% depending on the channel outlet angle.

Regarding the operating efficiency, it is recommended to design the channel
with a medium area ratio or slightly higher to achieve maximum efficiency
as described in Figure 4.14.



52 4 Multi-channel Casing Design

: 0 [deg] 10 [deg] 20 [deg]

Figure 4.14: Effect of the channel area ratio on the turbine performance for
different casing outlet angles

All previous cases have shown the turbine performance is sensitive toward
change in the casing outlet angles. Therefore it is chosen to be combined
with other geometrical parameters to confirm its effect. The next nine cases
which are presented in Table 4.3 represent a combination between different
outlet angles and different casing inlet diameters.

Turbine performance for different channel outlet angles and different inlet
diameters are presented in Figure 4.15. The results show a comparable
behavior with the previous cases. The turbine mass flow rate increases
linearly by increasing channel outlet angle for all inlet diameters. Whereas
the operating efficiency reduces linearly by increasing the outlet angles.

The channel outlet diameter shows a minor effect on the turbine mass flow
rate and operating efficiency in comparison with the outlet angle as descri-
bed in Figure 4.16. It affects the mass flow rate within a range of 1% to 2%
depending on the outlet angle. Regarding the operating efficiency, it shows
maximum value at R1/R3 equal to 2.5.

4.5 Spiral casing replacement

After investigating the effect of different geometrical parameters on the
performance of the turbine featuring an MC, this section introduces a
numerical model that is implemented to replace the spiral casing by an MC
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Table 4.3: Geometrical parameters for the second group of selected cases

,,, ,73 mm2

1
0

2
0

..

while ensuring a comparable performance. The procedures of this design
model are illustrated in the flow chart in Figure 4.17. First, it is initialized
with geometrical and performance information of the turbine featuring the
original spiral casing as input data. Then, it selects an initial value for the
different geometrical parameters to achieve the MC throat area based on
the following equation:

AMC
th, sg =α Asp

th / Nch (4.8)

where α is a reduction coefficient equal 0.85 up to 0.97 based on the
channel count due to the higher swallowing capacity of the MC compared
to the spiral casing as described in Figure 4.7. Then, the design model
performs a steady CFD simulation and calculates the turbine performance.
The performance of the MC is compared to the spiral casing. Finally, the
model updates the design parameters iteratively until achieving the design
requirements.
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: 3 2.25 1.75

Figure 4.15: Effect of the channel outlet angle on the turbine performance, for
different casing inlet diameters

Figure 4.16: Effect of the channel Inlet diameter on the turbine performance, for
different outlet angle

The design procedures and selection of the throat area as control criteria
are inspired by the design of the stator vanes in radial turbine applications.
Simpson et al. [72] investigated the effect of different stator vanes designs
on the turbine performance while ensuring a comparable working capacity
by adjusting the throat area of the stator vanes. For MC and stator vanes
designs the throat area is adjusted by varying different geometrical parame-
ters which are descried in Table 4.1.
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Figure 4.17: MC casing replacement procedures





5 Experimental Work

This chapter presents the experimental tests which were done to exami-
ne the turbine performance map and blade vibration for full and partial
admission to validate all numerical calculations. All tests took place on the
hot gas test stand at the ITSM at the University of Stuttgart.

5.1 Test Setup

5.1.1 Test Rig

An open-loop hot gas test rig was used to perform the experimental tests.
The turbine and the compressor airflow are decoupled, and consequently,
the turbine operating range is solely limited to the degree that the compres-
sor operates away from surge. The test rig schematic drawing and its main
meters are illustrated in Figure 5.1 and Table 5.1, respectively. Further details
about the test rig can be found in Heidinger et al. [32].
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Figure 5.1: Hot gas test rig schematic drawing
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Table 5.1: Test rig specifications [32]

5.1.2 Turbine casing installation

A five channel casing was designed and manufactured to investigate the
performance of the MC experimentally and validate the following numerical
studies. The main parts and the dimensions of this casing are illustrated in
Figure 5.2.

The casing consists of three main parts: hub cover, shroud cover, and the
sealing ring. As an extension to the rotor meridional plane, the hub cover
defines the casing hub contour and contains the five channels. The shroud
cover defines the shroud contour for both the casing and the rotor besides
connecting the inlet pipe to the channels. The sealing ring assembles the
previous two parts together by holding the five screw bolts through them.
Moreover, two copper gaskets are used to prevent leakage from channel to
channel or to ambient.

The test rig is modified to test the MC. The combustion chamber (CCH) is
coupled with a flow distributor to provide each channel separately with the
hot gas. The flow distributor assembly is illustrated in Figure 5.3. This flow
distributor contains four wastegate valves to open and close the different
flow channels and provide different admission percentages and configurati-
ons. One of the distributor channels is kept open for the safety of the test
rig.

The flow distributor is connected to the radial turbine of the turbocharger
through a set of pipes. The isometric drawing in Figure 5.4 shows the ar-
rangement of these pipes. Four of these pipes are supported with flexible
connections while one of them is kept fixed for positioning purposes.

The complete set of detailed drawings of the manufactured components are
included in Appendix B.
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Figure 5.2: Turbine MC with 5 channels, Top: half section view - Bottom: Exploded
view.
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4x Wastegate
�

Distributor Body

Flange 
to 
the CCH

Figure 5.3: Flow distributor (Exploded view)

5.2 Technical Measurements

This section describes in detail the measurement systems which are used
during this study. Two different measurement systems are used to evalua-
te both the turbocharger performance and the turbine blade vibration. The
first system is based on pressure sensors, thermocouples, flow meters, and
tachometer. The distribution of these sensors within the test rig is outlined
in Figure 5.1. The second system is based on the Blade Tip Timing (BTT)
sensors. Both systems are connected to separate Data Acquisition Systems
(DAQ) to acquire and store the measured data.
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Figure 5.4: Radial turbinate installation in test rig

5.2.1 Turbine performance measurements

This section focuses on the radial turbine stage performance measurements.
However, it should not be neglected that the turbine is coupled to the com-
pressor via rotor shaft and that the performance of both components
depends on each other. Therefore, the performance of the compressor is
monitored with 3 thermocouples and 4 pressure transducers. Moreover,
temperatures, pressures, and mass flow of the lubricating oil in the bearing
are monitored during the measurements. The oil pressure at the inlet is
constantly regulated at 3 bar.

The turbine performance is measured using 12 thermocouples, and 6
pressure sensors. The installation arrangement of these sensors on the
turbine inlet and outlet is depicted in Figure 5.5.

To avoid any influence of temperature measurement on the pressure mea-
surement, the pressure measurement location is always arranged upstream
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Figure 5.5: Pressure and temperature sensors locations

of the temperature measurement location. Conversely, the influences of
pressure measurement on temperature measurement are neglected.

All temperatures are measured with type K thermocouples, whereby 1.5 and
3 mm diameters thermocouples are used in the turbine inlet and outlet, re-
spectively. The deviation limits of type K thermocouples according to the
manufacture and DIN EN 60 584-2 is ± 1.5 K for temperatures between -
40 °C and 1000 °C . The air mass flows at the inlet of the radial turbine stage
are measured using Coriolis mass flow meters from “Endress + Hauser Mess-
technik GmbH”. These mass flow meters have an inaccuracy of ± 0.35% over
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the measuring range. In order to prevent leakage, a leak test was carried out
at all connection points in the measuring system of the turbocharger before
each series of measurements. The Sitrans P DS III pressure transmitters from
Siemens AG are used for the pressure measurement with a measurement
error of 0.075%. All pressures are recorded with the same type of pressure
transmitters, which differ in their calibrated measuring range.

5.2.2 Blade vibration measurements

Blade vibration is measured in this study by means of Blade Tip Timing
(BTT). It calculates the blade vibration based on monitoring the time dif-
ference between the theoretical and real blade arrival using a special fiber
optics sensor. First, this technique was presented in 1974 by Zablotskii [83].
Since this time, many other studies investigated and developed this techni-
que [23, 25, 31, 39, 43, 51, 62, 66, 79, 80].

The BTT sensors are installed in the turbine housing. Each sensor transmits
a laser beam towards the turbine rotor. The passing blade reflects the la-
ser beam again towards the sensor which receives and generates an electric
pulse by a photo-detector. The electric pulses are generated regularly as the
blade passes the sensors and is sent to an Analog-to-digital converter. This
converter uses a digital clock to calculate the blade’s real arrival time. De-
viation from the theoretical arrival time of a blade determines a time de-
lay which is proportional to the blade deflection. The resonance frequency,
the order of excitation, and the blade response amplitude are identified by a
least-squares sine wave curve fit.

Selecting the count and both axial and circumferential positions of the sen-
sors is done using the sensor placement software [46] by Hood Technology
This software determines the optimum locations for the sensor to distin-
guish between different orders of excitation and nodal diameters. This se-
lection is based on the mode shape, order of excitation, and the unavailable
position on the casing to install the sensor. In the current case, six sensors
are placed on the same selected axial position and different circumferential
positions in order to accurately measure the first bending mode as plotted
in Figure 5.6.
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Figure 5.6: BTT sensor position, left: Circumferential - Right: Axial

5.3 Turbine Performance

The first set of tests aims to measure the turbocharger performance focusing
on the radial turbine side. The turbine performance is evaluated through
plotting the turbine reduced mass flow characteristics and its operating
efficiency for different admission configurations and different operating
temperatures. The performance of the turbine featuring a five-channel
casing is also compared to the previously tested spiral and four-channel
casing.

To present the multi-channel casing operating conditions, a unified code
is used. It represents the casing channel count, admission percentage, and
admission configuration as describe in Figure 5.7.

The arrangement of the closed and opened channels is called the admission
configuration, and the ratio between the counts of the open channels to the
total number of channels is called the admission percentage. For instance,
MC5-60a is a five-channel casing operated at 60 percent admission by clo-
sing two channels for the first admission configuration. The admission per-
centages and configurations for different are described in Table 5.2 for five
and four channels casing.

The performance of the radial turbine featuring the five-channel casing is
tested at full admission for different turbine inlet temperatures and rota-
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MCX-YZ
Abbreviation for
Multichannel Casing

Channel Count
(2,3, ......)

 

Admission Configuration
(a,b, .... )

empty when only one
configuration is avaliable

Admission Percentage
=(100/X)  i
where i = 1:X

Figure 5.7: Multi-channel casing unified symbol

Table 5.2: MC different admission percentage and configuration

Percentage

Percentage

tional speeds. It is assessed based on plotting the reduced mass flow rate
and the operating efficiency versus the total to static expansion ratio.

The total to static expansion ratio is defined as the ratio between total
pressure at the turbine inlet to static pressure at the turbine outlet. The total
pressure at the turbine inlet is calculated as [77]:
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p t
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where p t
1 is the measured static pressure at the turbine inlet, T t

1 is the ave-
raged measured total temperature at the turbine inlets, and v is the flow ve-
locity at the turbine inlet which is calculated as:
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(5.2)

The turbine efficiency is evaluated by calculating the Thermo-mechanical
efficiency using the following definition:

ηtηm = ηtc

ηc (5.3)

where,ηtc and ηc are turbocharger and compressor efficiency, respectively
and calculated as [77]:
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where, πc and πt are compressor and turbine pressure ratios, respective-
ly. The thermo-mechanical efficiency definition is used to avoid using the
temperature at the turbine outlet which is difficult to be measured accurate-
ly. This is due to the heat transfer from upstream the turbine when operat-
ing in the hot conditions and the complex flow field downstream the turbine
[85]. Turbine reduced mass flow and operating efficiency are plotted in Figu-
res 5.8 and 5.9, respectively.

After testing the turbine at full admission, different admission percentages
are tested for cold and hot operation. Turbine reduced mass flow rate and
efficiency for the cold operation (at T=300K) are shown in Figures 5.10 and
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Figure 5.8: Turbine reduced mass flow rate at different inlet temperature, MC5-100

Figure 5.9: Turbine efficiency at different inlet temperature, MC5-100

5.11, respectively. Results for the hot operation (at T=783K) are shown in Fi-
gures 5.12 and 5.13, respectively.

The compressor mass flow characteristics and operating efficiency are
plotted in Figures 5.14 and 5.15, respectively, for three different admissi-
ons percentages. The compressor performance is plotted for a rotational
speed range between 60.000 rpm and 160.000 rpm using six speed lines.
The compressor performances are identical for all admission percentages,
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Figure 5.10: Turbine reduced mass flow rate at different admission percentage,
T=300K
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Figure 5.11: Turbine efficiency at different admission percentage, T=300K

which shows that the turbine concept and different admission ratios have
no influence on the compressor performance.

To ensure the reproducibility of the measurement, the turbine performance
test is repeated for selected admission configurations and rotational speeds.
These sets of measurements were done on three different days and by three
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Figure 5.12: Turbine reduced mass flow rate at different admission percentage,
T=783K
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Figure 5.13: Turbine efficiency at different admission percentage, T=783K

different operators. The results of these repeated tests are shown in Figures
5.16 and 5.17, respectively.

The results demonstrate reliable mass flow rate measurements with an ave-
rage deviation lower than 1% for different operating speeds and admissions.
Regarding the turbine efficiency, the results show acceptable repeatability
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Figure 5.14: Turbocharger compressor map
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Figure 5.15: Turbocharger compressor isentropic efficiency

with an average deviation of 3%. Knowing that, the accuracy of the efficiency
measurements lies in the difficulty to accurately measure the temperatures
in such highly non-uniform flow fields as present here.Therefore these test
data can be used for the CFD validation.
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Figure 5.16: Mass flow measurement repeatability for selected rotational speed and
admission percentage
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Figure 5.17: Efficiency measurement repeatability for selected rotational speed and
admission percentage

The tested mass flow and efficiency of the turbine featuring five-channel ca-
sing are compared to the same turbine but featuring a traditional spiral ca-
sing. Besides, they are compared to the first MC prototype which featured a
four-channel casing and was tested by Ilievski in 2017 [36].
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Figure 5.18 presents the reduced mass flow rate of the investigated turbine
for different casing: the original spiral casing with a completely closed wa-
stegate, MC5-100, and MC4-100. It confirms that the four-channel casing
has higher mass flow characteristics compared to the original spiral casing.
This difference is considered in designing the second MC prototype (with fi-
ve channels). A new design model is used to achieve a comparable mass flow
characteristics as described in Chapter 4. The turbine featuring five-channel
(MC second prototype) shows comparable mass flow rate characteristics
with an average deviation lower than 1% as shown in the same figure. This
proves that the developed design model is able to replace the spiral casing
by an MC and keeps a comparable turbine mass flow characteristics.

MC5-100

Spiral volute

MC4-100

Nred=3470 rpm/K0.5

Nred=4640 

Nred=5790 

Figure 5.18: Turbine reduced mass flow rate for different casing types, Full
admission

The turbine operating isentropic efficiency for the three different cases is
shown in Figure 5.19. Although MC4-100 shows a higher efficiency compared
to the original spiral casing, no conclusion can be drawn because of the high
difference in the operating mass flow rate. In contrast, the efficiency of the
spiral volute and the MC5-100 can be compared. It shows that the MC5-100
has a slight increase in efficiency at the BEP which can reach 1.5 % at a high
rotational speed. This observation totally agrees with the numerical study
which was discussed in Chapter 4 about the effect of different channel count
on the turbine efficiency as shown in Figure 4.8.



5.4 Blade Vibration 73
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Figure 5.19: Turbine isentropic efficiency for different casing types, Full admission

5.4 Blade Vibration

Six optical sensors are circumferentially placed on the turbine casing to
measure the blade vibration as described in Figure 5.6. Within the turbine
operating range, the turbine rotor is expected to be at resonance at 118k,
136k, and 159k rpm according to EO8, EO7, and EO6, respectively as des-
cribed in Figure 6.16. In order to test the vibration amplitude at these po-
sitions, the turbine is operated at different speed ramps to excite the bla-
de at the mentioned rotational speeds. These speed ramps are achieved by
controlling the compressor inlet area at a specific operating point. A samp-
les of these speed ramps at EO6 for different admission configurations are
shown in Figure 5.20 including the change in the expansion ratio and mass
flow rate during increasing and decreasing the rotational speed.

The vibration amplitude for the eleven blades is measured during each
speed ramp to ensure the measurement repeatability. A sample for the mea-
sured data for the first speed ramp is plotted in Figures 5.21, 5.22, and 5.23
for EO6, EO7, and EO8 respectively for three different admission configura-
tions.

The median value of the vibration amplitude, damping ratio, and critical
speed is calculated for different blades and different speed ramps to present
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Figure 5.20: Speed ramp for different admission configurations, EO6

the vibration amplitude for different admission configurations as shown in
Figure 5.24 and Table 5.3.
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Figure 5.21: Blade vibration amplitude, EO6
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Figure 5.22: Blade vibration amplitude, EO7
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Figure 5.23: Blade vibration amplitude, EO8
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Figure 5.24: Blade vibration data for different EOs and admission configurations
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Table 5.3: Blade vibration data (Median values)





6 Numerical Study

To design an MC and assess its performance and reliability, different
numerical models are implemented including fluid, structure and fluid-
structure interaction models. The integration between these models is
represented in the flowchart in Figure 6.1. This chapter discusses in detail
all these models and how their results are processed and combined to
achieve the goals of this study.

- One-way FSI
- Damping ratio

Static
Stresses

Forced Responce

Dynamic
Stresses

Figure 6.1: MC casing design and assessment process
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6.1 Fluid Model

Computational Fluid Dynamic (CFD) model is implemented to solve the
flow inside the radial turbine. The entire turbine domains are considered
including inlet pipe, casing channel, rotor, side cavity, and outlet diffuser as
shown in Figure 6.2. The side cavity is considered to have a noticeable effect
on both steady and unsteady performance especially in case of a deeply scal-
loped rotor as reported by He et al. [30]. Therefore it is considered in the
numerical simulation although it increases the model complexity and the
computational time. These domains are spatially discretized and the RANS
equations are solved through each control volume in these domains using
ANSYS CFX 19.2.

Outlet
Diffuser

Rotor

Casing
Channel

Inlet 
Pipe

Side
Cavity

Figure 6.2: Radial turbine featuring five channel casing CFD domains

The main metrics of the computational domains are presented in Figure 6.3.
The rotor is simulated in a rotating frame of reference, while all other do-
mains are simulated in a stationary frame. The interface between the ro-
tating side and the fixed side is chosen as a mixing plan with an average
velocity in case of steady simulation and sliding mesh in case of unsteady
simulation. Moreover, the interface between any fixed domain is chosen as
a general connection with the wall overlap condition.
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Side
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Figure 6.3: CFD domains main metrics

The k −ω SST turbulence model with scalable wall functions is used in this
study. The use of this turbulence model has proven to be adequate, as in the
related research by [6, 11, 12]. The equations for turbulence modeling were
discretized in the first order. Air was used as the flow medium with modeled
specific heat constant Cp as a function of the pressure and temperature.
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6.1.1 Boundary Condition

For steady and unsteady simulations, total temperature and total pressure
at the inlets of the casing channels with 5% turbulence intensity and ave-
raged static pressure at the turbine outlet is chosen as boundary condi-
tions. Different operating expansion ratios are achieved by varying the total
pressure value at the inlet while keeping the outlet static pressure constant
at 100 kPa. To apply partial admission conditions, the flow condition at so-
me of the casing inlet are changed from inflow to wall to achieve the required
admission percentage and configuration. The boundary conditions at casing
inlet are described in Table 5.2 for five and four channels casing.

Admission percentage is the ratio between the counts of the open channels
to the total number of channels while the admission configuration is the ar-
rangement of the closed and opened channel.

6.1.2 Domains Grid and Sensitivity Study

All turbine domains except the MC domains are meshed in a structured
manner using TurboGrid for the rotor domain and ICEM for the other do-
mains. The MC domains (casing, and inlet pipe) are meshed in an unstruc-
tured manner to facilitate the model automation. The CFD domains meshes
are shown in Figure 6.4 and the mesh topology at the meridional surface and
its transition between different domains are presented in Figure 6.5.

To minimize the discretization error, a mesh sensitivity study is performed
to determine the effect of the grid size on the computational accuracy and
cost. The grid sizes of different test cases are listed in Table 6.1. For all test
cases, the first element distance from the wall is kept constant for different
grid sizes to achieve a y+ value around 1. Whereas, a finer mesh is achieved
by increasing the element count between different walls surfaces.

Table 6.1: MC mesh element count
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Rotor
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Figure 6.4: CFD domains mesh, one-sector model

The turbine operating mass flow rate and efficiency at BEP for different
rotational speeds are plotted versus the grid sizes in Figure 6.6. For cases
with element count lower than 2.5 million elements in one-sector model,
the mass flow rate and efficiency are highly affected by the element count
with an average percentage of 2.5% and 4% respectively. The very fine mesh
model shows a low change in mass flow rate and efficiency compared to
the fine model with an average of 0.5% and 0.9% respectively, while the
computational time increases approximately 4 times. Therefore, this study
will be conducted by the fine scheme with approximately 2.5 M elements for
a one-sector model and 13 M elements for the full model. In total, 75 cell
layers are imposed in the span-wise direction, including 20 layers to model
the tip clearance. These layers count in the tip clearance region is enough
to capture the leakage flow as was discussed by Müller et al. [55]. The maxi-
mum cell expansion ratio is limited to 1.2 for all wall surfaces.
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Figure 6.5: MC CFD domains mesh topology at meridional plan
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Figure 6.6: Mass flow rate and efficiency for different mesh size, CFD steady

6.1.3 Unsteady simulation

Turbine unsteady flow simulation is crucial to explain the effect of replacing
the spiral casing by a MC on many radial turbine design requirements
including the performance at full and partial admission and the dynamic
loads. The unsteady simulation considers the same computational domains
which were mentioned in the steady simulation but expands it to a full 3D
model. The interface between the rotating and the fixed frame of references
is changed to be sliding mesh with 360 timesteps per complete rotor cycle.

Time Step Sensitivity Study

The number of time steps per complete rotor cycle is chosen based on a
time step sensitivity study. This study examines the effect of different time
step widths on the harmonic component of the pressure at the rotor blade
as shown in Figure 6.7. This figure shows that the amplitude of the third har-
monic pressure component (EO12) is stabilized when the time step reaches
360-time steps per one complete rotor cycle. Therefore, the time step is cho-
sen to be 360 for the unsteady simulation.

6.1.4 CFD Model Results and Validation

The mass flow characteristics for a turbine featuring a five-channel MC at
cold and hot operation and for different admission configuration is plotted
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Figure 6.7: pressure amplitude for different time step, CFD unsteady

in Figure 6.8. This figure compares the steady CFD results with the test data
in order to validate the CFD model. The average deviation of the reduced
mass flow between the CFD and test data is lower than 1% for the full
admission cases. By decreasing the admission percentage the average de-
viation slightly increases especially at high expansion ration. This is due to
the flow unsteadiness at the partial admission operation. In general, the CFD
model is representative of the tested cases.

After validating the MC CFD model using a five-channel casing, the inter-
nal flow field for different casings of the same size is investigated. The sta-
tic pressure at the turbine stage mid-span and the same operating point
(Nr ed = 5790 r pm/K −0.5) are plotted for different casings as shown in Figure
6.9. The internal flow structure is affected by the casing shape and channel
count in the case of MC. At the radial gap region, the static pressure has one
local maximum position near the spiral casing tongue, while it has multiple
local maximum positions in the case of an MC equal to the channel counts.
This change in the internal flow structure affects many RT design aspects
such as the operating efficiency and the blade aerodynamic excitation and
damping, especially when applying the a partial admission in case of MC
design.

The effect of replacing the spiral casing with an MC on the mentioned RT
design aspect is considered in detail in the following chapters. To ensure a
comparable operating condition for all studied models for meaningful com-
parison, the time-averaged pressure at different locations is compared for
different casing types after achieving a comparable mass flow conditions.
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Figure 6.8: Turbine mass flow characteristics for different admission configuration,
CFD steady and test data, five-channels casing

Figure 6.10 represents the time-averaged static pressure at one rotor blade
at the same operating conditions. It shows a comparable pressure field is for
different RT casing for both pressure and suction sides of the blade.

In addition, the time-averaged blade loading at blade mid-span is plotted
for different casings as shown in Figure 6.11. It shows in general comparable
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Figure 6.9: Static pressure at turbine stage mid-span for different casing types,
transient simulation

blade loading except at one position at the 50% stream-wise direction for the
blade suction side. However, on average the deviation in the time-averaged
blade loading is lower than 1.5 % which proves comparable operating condi-
tions.

The effect of different RT casings on the unsteady pressure is illustrated in
Figure 6.12. It represents the static pressure during one rotor revolution at
different monitoring points at a 90% span of the rotor blade. It shows that the
MC is characterized by a repeated pressure pattern during the full admission
condition in contrast with the spiral casing.

This symmetrical repeated pattern results in a different harmonic pressure
depending on the channel count. To explain this behavior, the unsteady
pressure at one operating point is plotted for different cases as shown on top
of Figure 6.13. Then, the harmonic pressure components are calculated by
performing a Fourier Transformation (FT) for the unsteady pressure as pre-
sented at the bottom of the same figure for the first ten Engine Orders (EO).
It is clear that the MC casing with 5 channels has a harmonic pressure com-
ponent at the 5th and 10th EOs while the 4 channel casing has at the 4th and



6.1 Fluid Model 91

Static pressure
(Trn. avg.) [kPa]

16070 115
PSSS

Spiral

MC5-100

MC4-100

LE

TEBlade tip TE Blade tip
LE

Figure 6.10: Time-averaged static pressure at blade surface for different casing types

8th EOs. In contrast, the spiral casing shows harmonic pressure components
at all EOs due to the asymmetric pressure pattern.
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Figure 6.11: Time-averaged blade loading for different casing types, mid-span

6.2 Structural Model

In order to identify the mechanical vibration behavior of the turbine, an FE
numerical model is carried out. This model calculates the natural frequency
and the mode shape of the turbine rotor. A rotor material is Inconel-713lc
and its main metrics are described in Figure 6.14.

For the structural model, the cyclic periodicity of the turbine wheel geome-
try is used to create a sector model. This sector model is meshed and the full
turbine model is then created by simply copy and rotating the sector mo-
del. In this way, an identical mesh can be guaranteed for all eleven blade
segments and mistuning due to different mesh can be excluded.

The hexagonal-shaped of the rotor hub-end was simplified by a cylinder ex-
tension to achieve a high-quality mesh topology. The FEM simulations were
performed using the software ANSYS Mechanical in version 19.2. The blade
sector model is meshed in a structured manner with 16750 hexahedral ele-
ments using ICEM software as shown in Figure 6.15. This grid size is chosen
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Figure 6.12: Unsteady pressure at different monitor points for different casings, 90%
span

after a mesh independency study to ensure an independent modal displace-
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Figure 6.13: Unsteady pressure ant its harmonic spectrum for different casings

ment field. This also matches with the conclusions from similar studies for a
comparable rotor geometry [41, 69].

For the static and modal structural analysis, the shaft is shortened to the le-
vel of the bearing position on the turbine side, which has a negligible influ-
ence on the natural vibration behavior of the blades. This is based on the fin-
dings from another project performed at the ITSM [78], in which this type of
model extent was found to be best suited. The axial cut surface of the shor-
tened shaft is only fixed in the axial direction. A cyclic symmetry prestres-
sed model analysis is performed with different temperatures and rotational
speeds as a thermal and centrifugal structure loads, respectively.

The result of the modal analysis is presented by the Campbell diagram in
Figure 6.16. It represents the natural frequencies for the first bending mo-
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Figure 6.14: Investigated turbine rotor
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Figure 6.15: FE model of a turbine wheel

de through the operating range of the turbine rotational speed for three
different operating temperatures.

The numerical result agrees with the experimental result represented in
Chapter 5 with a limited deviation due to the difference between the real
and CAD geometry and the geometrical simplifications. In this study, the re-
sonance crossing at the first bending mode for EO 5, 6, 7, and 8 are conside-
red for different casing comparison. The operating speeds for each crossing
are represented in Figure 6.16.

The rotor natural frequencies for the first two modes as a function of the
nodal diameter are shown in the ZZENF diagram (Zig Zag shaped Excitati-
on line in Nodal diameter versus Frequency), Figure 6.17. The relevant re-
sonance rotational speeds are plotted by the black zig-zag lines and have a
crossing with the first bending mode for different EO and ND. Different no-
dal diameters for the first bending mode are presented in Figure 6.18.
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Figure 6.18: Different nodal diameter for resonance crossing, first bending mode

6.3 Fluid Structure Interaction

A one-way Fluid-Structure Interaction (FSI) model is used in this study to
investigate the aerodynamically excited vibrations. This approach solves the
CFD and the FE model separately then combines both results using different
FSI models to calculate both the aerodynamic forcing and damping and per-
forming a forced response analysis. Compared to the two-way FSI model, It
shows accurate results in noticeably shorter calculation time as reported by
Mayorca et al. [48–50] and Netzhammer et al. [58, 59] in comparable studies.

6.3.1 Aerodynamic Excitation

The Generalized Force (GF) approach is used to calculate the aerodynamic
excitation by projecting the harmonic forces onto the modal displacement at
a specific resonance point [5, 22, 29]. Starting from the unsteady CFD results,
a Fourier decomposition of the fluctuating pressure signal on the blade sur-
face was performed in order to obtain the harmonic components as follows:

p̃n = An + Bn i (6.1)

An = 2

spp

at step∑
x=at step−spp

p(x) cos (−2πn
x

spp
) (6.2)

Bn = 2

spp

at step∑
x=at step−spp

p(x) si n (−2πn
x

spp
) (6.3)
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Following this, a GF code is used to project the mode shape onto the harmo-
nic pressure field at specific resonance states and compute the GP using the
following relation:

pg en,i = ~Φi • ~ni p̃n (6.4)

Finally, the total GF is calculated by summing the GP components multiplied
by the corresponding area as follows:

Fg en,tot =∑
pg en ∆A (6.5)

6.3.2 Aerodynamic Damping

Aerodynamic damping coefficient can be calculated after combining the
CFD and FE results in other FSI models using Equations 2.26 and 2.27. The
mode shape of the resonance crossing of interest is defined on the CFD sol-
ver as a blade motion using a dynamic mesh technique. The mesh displace-
ment is applied over CFX Expression Language (CEL), which calculates the
coordinates for each blade mesh point as a function of time. Firstly, the com-
plex mode shape of interest is exported from the FE solver. Secondly, the real
and imaginary components of the mode shape are superimposed according
to the direction of the traveling wave to define the coordinates of the nodes
as a function of time for the rotor blades as shown in Equation 6.6 according
to the forward traveling wave as presented in Figure 6.17.
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z
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cos(ωt )+

x

y

z


i

sin(ωt )

 (6.6)

The Scaling Factor (SF) is set such as to scale the maximum total displace-
ment to an experienced-based suitable value, which in this case is 70 µm.
Excessive scaling factors should be avoided as they may cause problems in
the CFD solver while applying the mesh displacement.

The pressure perturbation due to the blade vibration can be calculated by
subtracting the pressure field resulting from the fixed blade simulation from
the vibrating blade simulation. This subtraction suppresses any effect of the
rotor-stator interaction and ensures that the pressure perturbation is only



6.3 Fluid Structure Interaction 99

attributed to the blade vibration. This approach is based mainly on the as-
sumption of the linear superposition of the pressure perturbation due to
rotor-stator interaction and blade vibration which was validated by Müller
[57].

6.3.3 Forced response analysis

After calculating aerodynamic loads and damping coefficient, a forced re-
sponse analysis can be performed to calculate the dynamic stresses and
vibration amplitude. The forced response analysis is performed using the
same FE model neglecting the structural mistuning effect.

The numerical results of all FSI models is presented in details and is
compared with the available test data in Chapter 8





7 Effect of Multi-channel Casing on
Turbine Performance

To ensure the best performance of the MC at different admission configu-
ration percentages, it becomes crucial to investigate the effect of replacing
the spiral volute with an MC and applying different admission percentages
on the turbine performance. This investigation focuses mainly on the inter-
nal flow field and the generated loss mechanisms and helps in operating the
turbine at the most efficient design in different admission configurations,
especially at low admission percentages.

Therefore this chapter focuses mainly on the loss generation mechanisms of
the radial turbine featuring MC at full and partial admission. Test data and
CFD results are combined to conduct this investigation. The test data shows
a reduction in performance by reducing the admission percentage. A full 3D
Computational Fluid Dynamic (CFD) model has been created. Steady and
unsteady simulations for this model at full and partial admission at different
operating conditions have been performed. The CFD results have been ana-
lyzed to detect the reason behind the performance reduction.

7.1 Performance and Flow Analysis

The efficiency values at the Best Efficiency Points (BEP) for different speed li-
nes and admission configurations have been plotted in two different ways as
shown in Figure 7.1. This figure presents the effect of some specific parame-
ters such as the admission percentage and rotational speed on the turbine
performance. It shows in general that the efficiency value at the BEP decrea-
ses with reducing the admission percentage for all rotational speeds. Moreo-
ver, it decreases with increasing rotational speed for the admission percent-
age of more than 50% and vice versa for lower admission.

Unsteady simulations have been performed as a trial to achieve better pre-
diction of the turbine operating efficiency. Performing such simulations for a
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complete turbine map is time-consuming. Therefore the unsteady simulati-
on is performed at the BEP of each speed line for full and partial admission.
The result of the unsteady simulations in comparison with the test data is
presented in Figure 7.2. Besides confirming the same tendency described by
the steady simulation results, the unsteady results also reduce the error in
the efficiency prediction compared to the steady simulations.
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Figure 7.1: Effect of the admission percentage (top) and rotational speed (bottom)
on the turbine efficiency at BEP, four-channel casing, steady simulation

The results show the capability of the unsteady simulation in predicting the
operating efficiency of the turbine featuring an MC. Therefore this result
will be investigated in depth for a better understanding of the flow field at
different admission configurations in order to explain the efficiency reducti-
on in the partial admission cases compared to full admission.
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Figure 7.2: Effect of the admission percentage (top) and rotational speed (bottom)
on the turbine efficiency at BEP, four-channel casing, unsteady simulation

The static pressure contour has been plotted at a fixed position of the rotor
mid-span for all different admission configurations, as shown in Figure 7.3.
It describes how the static pressure in the rotor is affected by changing the
admission configuration. The closed channel causes a static pressure reduc-
tion within the rotor passages facing it, inflicting a flow disturbance at this
position. At a specific rotor position, the blade suction side faces a static
pressure higher than the pressure side. The duration of this situation incre-
ases with decreasing admission percentage.

Undoubtedly, this abrupt change in the static pressure during the turbine
operation affects the blade torque in an unsteady manner. For further expla-
nation, the computed blade torque has been plotted during one complete
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Figure 7.3: Static pressure contour at rotor mid-span at a specific instance for
different admission percentage

revolution for different admission configurations, as shown in Figure 7.4. At
full admission (MC4-100), the blade torque peaks when the blade is facing
an end of a stator channel. Then it decreases when the blade passes through
the inter-space between two channels until it starts increasing again in the
middle of the next channel. This process is repeated with a number equal to
the channel count, four times in this case.

After closing one channel (MC4-75), the torque pattern changes to an asym-
metric pattern. The torque decreases after passing through the inter-space
of two channels and continues decreasing through the closed channel with
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a negative peak (i.e. it brakes the rotor) before it starts increasing again
through the next open channel. At MC4-50b configuration, the blade torque
pattern is symmetric again but with two positive and two negative regions
due to the two closed channels. At the lowest admission case MC4-25 with
only one open channel, the blade torque rises to its peak value when the
blade faces the sector end of the open channel, and then it decays gradually
to its minimum value through the three closed channels. This decay is cha-
racterized by three negative regions that expand gradually in the direction of
the blade rotation.

MC4-100 MC4-50b

MC4-25MC4-75

O O O O OX

X XXO O O

Figure 7.4: Blade torque for different admission configurations

7.2 Loss Mechanisms

In order to investigate how different admission configurations increase the
turbine losses, the sources of the losses are evaluated by analyzing the Entro-
py Generation Rate (EGR) in the simulated domains. Recent works [7, 34, 35,
70] have developed this method to obtain the volumetric entropy generati-
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on rate by viscous dissipation (Ṡv ) and by thermal diffusion (Ṡt ) as shown in
Equations 7.1 and 7.2, respectively.

Ṡv = µe f f
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)2+(
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(7.1)
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δz
)2] (7.2)

In the case of radial turbine flow, the EGR from the thermal diffusion term
was considered to be minor compared to viscous dissipation and could be
neglected [16, 60]. Based on the idea of Reynolds decomposition the EGR
could be decomposed into time-averaged EGR (Ṡ v̄ ) and fluctuating EGR (Ṡ ṽ )
parts as shown in Equations 7.3 and 7.4, respectively.
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(7.4)

The time-averaged part (Ṡ v̄ ) of the EGR can be evaluated directly through
any CFD solver after calculating the time-averaged value of the velocity gra-
dient. The fluctuating part of the EGR (Ṡ ṽ ) can be approximated as in Equa-
tion 7.5 [42, 45]. Here, k and ω are the turbulence kinetic energy and charac-
teristic frequency in the Shear-Stress Transport k-ω model, respectively. The
empirical constant α is chosen as 0.09, as recommended by the mentioned
studies.

Ṡ ṽ =αρωk

T
(7.5)

The EGR is plotted for four different admission configurations at the rotor
mid-span in Figure 7.5. This plot has been normalized using the maximum
EGR value that has been recorded at the 25% admission case. MC4-100
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shows the same sources of loss that occur in the radial turbine featuring tra-
ditional spiral casing, such as the incidence and separation losses in rotor
blades.
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Figure 7.5: Entropy generation rate contour at rotor mid-span for different
admission percentage

All the partial admission cases starting from the 75% up to 25% admission
are characterized by a different loss type. This loss could be recognized by
comparing the EGR at the full admission case with the partial admission
cases. Based on this comparison, a higher EGR area is recognized at the
MC4-75 case as shown in zone (A) in Figure 7.5. This increase of the EGR
starts on the blade leading edge at the suction side after passing a closed
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channel. To fully understand the reasons behind this sharp increase of the
EGR in this specific region, the EGR and the normalized relative velocity stre-
amlines have been superimposed at zone (A), as shown in Figure 7.6.

Due to the static pressure difference between the opened and closed
channel, the relative inflow angle changes dramatically and deviates from
its design value at design condition. This change causes high incidence
of the flow, which hits the blade and causes this increase of the EGR as
indicated by the black arrows. This loss mechanism behavior is similar to
the incidence or the shock losses mechanism that occurs when operating
the turbine at the overload condition. Therefore it will be defined as partial
admission shock loss.

0

1

Norm. EGR

[   ]

0

1

0.50.5

Norm. W

[   ]

Figure 7.6: EGR contour and normalized relative velocity at zone (A)

One of the main factors that affect the change in the inflow angle is the
pressure difference between the open and closed channels. The higher the
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difference in static pressure, the higher the deviation between the actual in-
flow angle and its designed value. The static pressure difference between two
different blade passages is also responsible for the backflow, which can be
noticed at the blade trailing edge. Part of the flow after exiting the rotor reen-
ters the rotor again but in a different passage that is characterized by lower
static pressure as described by the red arrow. For the lower admission con-
figurations such as 50% and 25% admission, the same loss mechanisms ha-
ve been identified but in multiple positions based on the number of closed
channels.

Moreover, the EGR has been investigated for the flow at the casing domain. It
has been plotted on the casing mid-span, as shown in Figure 7.7. This figure
shows the places where the EGR increases for different partial admission
configurations compared to the full admission case. The EGR and the stre-
amline of the relative velocity are superimposed, as shown in Figure 7.8 to
understand the reasons behind the EGR increases. The rotor flow deviati-
on can also be observed in the casing. Due to the static pressure difference
between open and closed channel the flow deviates, and instead of entering
the rotor it stagnates at the casing wall and causes an increase of the EGR.

After detecting the highest EGR locations in the rotor and the casing do-
mains for different admission configurations, Figure 7.9 sums up and quan-
tifies the entropy increase in each of the turbine domains and compares it
for different admission configurations. In general, the entropy increases at
all turbine domains when reducing the admission percentage. Moreover, the
entropy increase is highest in the rotor domain for all admission configura-
tions. The relation between the entropy increase and the admission percent-
age is approximately linearly proportional.

In order to investigate the ability to enhance operating efficiency, a
geometrical parameter has been selected and varied to monitor its effect
on the efficiency reduction caused by the partial admission. As has been
discussed, the secondary flow, which takes place due to the differences
in static pressure between opened and closed channels, is responsible for
the efficiency reduction at partial admission cases. Therefore, the radial
gap between the casing and the rotor is assumed to be a decisive factor
in controlling this secondary flow. Based on that, it was selected as the
investigated geometrical parameter. A ratio between the casing outlet radius
to the rotor inlet radius is defined to represent the radial gap. Three cases
with different radial gaps are investigated in this study. The datum case has
a radius ratio of 1.15, while the other cases have a ratio of 1.05 and 1.25.
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Figure 7.7: EGR contour at casing mid-span for different admission percentage

The EGR for the 50% admission case for different radial gaps has been plot-
ted, as shown in Figure 7.10. It is noticeable that the EGR slightly increases
at the highest radial gap. The entropy increase in different turbine domain
for different radial gaps is presented in Figure 7.11 after normalizing the
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Figure 7.8: EGR contour and normalized relative velocity at casing mid-span, MC4-
75
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Figure 7.9: Entropy increase in different turbine domains, for different admission
configurations

values with the same normalization factor, which has been used in Figure
7.10. This chart proves that the change in the operating efficiency due to the
geometrical change is minor compared to the efficiency reduction due to the
partial admission operation.
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8 Effect of Multi-channel casing on Blade
Vibration

This chapter focuses on the effect of using an MC and applying different
admission configurations on the RT blade vibration. The investigation is di-
vided into three main sections. The first two parts study the effect on the
aerodynamic excitation and damping, while, the last part performs a blade
forced response analysis to calculate the blade vibration amplitude and the
dynamic stresses.

8.1 Aerodynamic Excitation

This section studies the effect of replacing the spiral casing with an MC ca-
sing and applying different admission configurations on the aerodynamic
excitation in a radial turbine. The generalized force approach is used to re-
present the aerodynamic excitation by projecting the harmonic load onto
the mode shape of interest as explained in Section 6.3.1. The generalized
force is calculated for nine different cases which are tested experimentally as
shown in Section 5.4. These nine cases represent three different admission
configurations MC5-100, MC5-80, and MC5-60a and three different reso-
nance crossing EO6, EO7, and EO8.

Firstly, unsteady CFD simulations for these nine cases are performed using
CFX with the unsteady setup as represented in Section 6.1.3. Secondly, the
harmonic pressure at each engine order is calculated using Equation 6.1. A
sample of the harmonic pressure for different admission configurations for
EO6 is presented at top of Figure 8.1 for the blade pressure and suction side.
The comparison of the harmonic pressure for different admission configu-
rations shows that at the same EO applying partial admission can increa-
se the harmonic pressure drastically. This is attributed to the change of the
frequency spectrum when operating at partial admission and the increase in
the expansion ratio with the reduction of the admission percentage.
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Figure 8.1: FSI Simulation Results at EO6, different admission configuration
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Thirdly, the harmonic pressure is projected onto the mode shape of interest
(first bending mode) in order to calculate the generalized pressure as presen-
ted in Equation 6.4. The generalized pressure contours for the same cases are
represented at bottom of Figure 8.1. Based on the mode shape of interest the
maximum generalized pressure is monitored near the blade trailing edge for
the MC5-60a case.

Finally, the generalized force which represents the aerodynamic excitation is
calculated using Equation 6.5. The convergence of the generalized force is
monitored by plotting its value every time step as shown in Figure 8.2. all
the nine cases are converged after around 1420 to 1800 time steps i.e., after
4 to 5 rotor revolutions for the 360 time-steps per one complete revolution.

MC5-60a

MC5-80

MC5-100

 

0 2 4 6 8 10 12 14
Rotor Revolution []

Figure 8.2: Generalized force convergence, EO6

The generalized force for all nine cases is scaled using the same scaling fac-
tor to plot it in comparison with the measured vibration amplitude as shown
in Figure 8.3. Although the damping effect is not considered in calculating
the generalized force, it could represent the measured vibration amplitude.
both the measured vibration amplitude and the calculated generalized force
follow the same trend for the nine cases with a slight deviation.
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Figure 8.3: Generalized Force (GF) compared to vibration test data, different
admission configuration

After validating the generalized force approach in presenting the aero-
dynamic excitation using the nine cases which are tested experimentally. It
is used to detect the effect of different casing types and different admission
percentages and configuration on the aerodynamic excitation. Two different
casing types have been investigated the spiral casing and MC. The MC
casing with four and five channels and different admission percentages
are considered. These different casings are investigated at the EO8 reso-
nance crossing. This EO is selected specifically because it could show high
excitation when using MC with four channels.

The same procedure and convergence criteria have been followed in calcu-
lating the generalized force for different casings type. the harmonic pressure
and generalized pressure at the rotor blade according to EO8 for both
pressure and suction side at full admission are shown in Figure 8.4. For full
admission, The MC with four-channel casing shows the highest generalized
pressure compared to the spiral casing and MC with five channels.
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Figure 8.4: FSI Simulation Results at EO8 for different casing type, Full admission

After ensuring the convergence of the simulations, the generalized force va-
lues for different casing types and different admission percentages are plot-
ted in Figure 8.5. The generalized force for the spiral casing is chosen to be
the reference value for all different cases.

The results show that the MC5 at full admission reduces the aerodynamic
excitation level by approximately one third compared to the spiral casing.
Whereas operating the same casing at partial admission could increase the
excitation level up to three times comparing also to the spiral casing as
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Figure 8.5: Generalized force for different casing types and admission configurati-
ons, EO8

achieved by case MC5-40a. In contrast, MC4 increases the excitation level
up to five times when operating at both full and partial admission compared
to the spiral casing except for the case MC4-25 which increases it only two
times.

8.2 Aerodynamic Damping

The current section investigates the effect of different MC admission confi-
gurations on the blade aerodynamic damping as a part of an aeromechanical
investigation for a radial turbine featuring an MC casing. The aerodynamic
damping simulations are performed on a 3D model of a radial turbine fea-
turing various MC configurations. An isolated and full CFD models are per-
formed to predict the aerodynamic damping coefficient. The CFD domains
for each model are shown in Figure 8.6

The isolated rotor approach is based on building a numerical model consis-
ting of the rotor domain alone while imposing the blade motion according to
the investigated mode shape. To achieve the same flow in the isolated rotor
as when operated in the stage, the unsteady flow condition at the casing-
rotor interface has been time-averaged and used as inlet Boundary Conditi-
on (BC) for the isolated rotor. This method eliminates the forcing effect from
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the adjacent blade row that affects the damping evaluation. Thanks to its
simplicity, this approach is frequently used [19, 47, 53, 75].

The full model approach includes the casing domain in the aerodynamic
damping simulation. However, when performing this type of simulation, it is
crucial to subtract the forcing effect of the casing before evaluating the aero-
dynamic damping. Therefore, the full model is simulated twice, once with a
fixed blade to determine the forcing effect of the casing on the rotor (rotor-
stator interaction) and once with vibrating blades to simulate combined for-
cing and damping. The forcing effect from the casing can then be eliminated
after subtracting the respective flow field. This subtraction is based mainly
on the assumption of the linear superposition of the pressure perturbation
due to rotor-stator interaction and blade vibration [57].

Inlet 
Pipe

Casing

Rotor
Outlet

Diffuser

Inlet BC

Outlet BC

Wall BC

Domains
 Interface

Rotor
Outlet

Diffuser

(a) (b)

Figure 8.6: CFD domains for aerodynamic damping calculation: (a) Full model (b)
Isolated rotor model

An MC with four channels is chosen as a case study for this investigation.
The MC4-100 configuration, which represents the full admission operation,
has been chosen for the comparison between the isolated rotor and the full
model simulations. Before starting this comparison, it is essential to ensure
that all simulated cases have a comparable operating condition. Therefore
the transient mean blade loading has been plotted at 50% rotor-span for the
full model (with fixed and vibrating blades) and the isolated model to eva-
luate the change in the operating condition for different simulation cases as
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shown in Figure 8.7. The differences of the mean blade loading between the
full model (fixed blade) and the isolated model are lower than 1.5%, while
between the two full models with fixed and vibrating blades is lower than
0.2%. These deviation percentages are sufficient for a reliable pressure per-
turbation comparison.

Figure 8.7: Transient averaged blade loading at 50% span

After comparing the blade loading and ensuring a comparable operating
conditions, the next step is to compare the pressure perturbation due to the
blade motion for both models. Therefore, a monitor point has been selected
on the blade trailing edge near the blade tip, where the maximum displace-
ment takes place according to the investigated resonating mode shape (M1
ND3 EO8), as described in Figure 6.18. The pressure on this monitor point
for both fixed blade and vibrating blades full model is shown at the top of
Figure 8.8. The pressure perturbation due to the blade vibration is calcula-
ted using Equation 8.1 for both isolated rotor and full model and are plotted
at the bottom of Figure 8.8.
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p̃ =
pi so, vi b − p̄i so, vi b Isolated rotor model

p f ul l , vi b −p f ul l , f i x Full model
(8.1)

Vibrating Blade

Figure 8.8: Top: Blade pressure for a complete revolution. Bottom: Pressure pertur-
bation due to the blade vibration, MC4-100 at the blade tip

It is found that the pressure perturbation at the mentioned operating point
for the two different models has a comparable pattern with slight diffe-
rences. The one obtained from the isolated rotor model has constant am-
plitude and frequency equal to the vibration frequency. In the full model
in contrary, it has a periodically varying amplitude representing the app-
lied admission configuration. In this case, it changed periodically four times,
which indicates the effect from the MC featuring four channels.

Although one monitor point is sufficient to explain the effect of the blade
motion on the surrounding fluid, it is not sufficient for the overall assess-
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ment. Therefore, the wall power density, which is represented by the area
integral in Equation 2.27 is calculated for the isolated rotor and the full mo-
del. The calculated values for one blade revolution are shown in Figure 8.9.
The wall power density for the isolated rotor is represented by a harmonic si-
gnal with only one frequency component (EO8), while for the full model, it is
represented by harmonic signal consists of more than one frequency com-
ponent (EO4, EO8, EO12). This variation is attributed to the casing shape
and the operating admission configuration.

Figure 8.9: Wall power density and the work per cycle for a rotor blade, MC4-100

Based on the comparison in Figure 8.9, it is clear that the isolated rotor mo-
del cannot predict the effect of the casing on the pressure perturbation due
to the blade vibration and consequently on the wall power density. On the
other hand, the full model successes in capturing this effect. This compari-
son also shows that the assumption of the linear superposition is accepta-
ble in this type of investigation because all of the compared aspects show a
comparable behavior except a slight deviation, which is attributed to the ca-
sing effect on it as it has been shown in the pressure and wall power density
comparison.
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A moving window with a width of one blade vibration cycle is created, and
the wall power density is integrated over this moving window to calculate the
work done by the blade on the surrounding fluid. This integration results in
a constant negative work in the case of the isolated rotor, while it shows a
time-dependent work with a negative time-averaged value in the case of the
full model. The transfer of work from the blade to the fluid is affected by the
pressure of the casing.

After the comparison and result evaluation for the two different calculation
models, the full model is chosen to calculate and evaluate the aerodynamic
damping coefficient for different MC admission configurations. This choi-
ce is based on two reasons. First, it is recognized that the casing effect is
not negligible. Second, the rotor operates at the correct conditions without
the need to artificially readjust the boundary condition in the isolated ana-
lysis, which can be challenging. An evaluation of the wall power density and
the aerodynamic work for different admission configurations is presented in
Figure 8.10.

It is apparent that the pattern of the wall power density during one complete
revolution is affected by the admission configuration. For instance, the wall
power density in the case of MC4-100 has four repeated patterns, while in
the case of MC4-50 has only two repeated patterns. For all admission con-
figurations, the aerodynamic work changes massively over one revolution.
The mean aerodynamic work is negative indicating that in total the blade
loses energy, and its motion is damped. The mean aerodynamic work and
hence the damping ratio is found to be significantly affected by the MC con-
figuration.

Admission configuration MC4-50b has higher aerodynamic work, while
MC4-25 has the lowest value. Although the cases MC4-50a and MC4-50b
have the same operating pressure ratio and the same admission percentage,
they show a noticeable difference in the aerodynamic work with configura-
tion MC4-50b featuring almost twice as high aerodynamic work compared
to MC4-50a. This observation indicates that the admission configurations
have a significant effect on the energy exchange between the blade and
surrounding fluid and hence the aerodynamic damping.

Figure 8.11 depicts the simulated damping ratio for all MC configuration. All
configuration features a positive damping ratio. The value, however, varies
significantly from 2.55x10−4 for MC4-25 to 6.5x10−4 for MC4-50b. The ob-
servation that MC4-50a and MC4-50b vary by 71% already indicates that the
MC configuration has a substantial influence on the aerodynamic damping.
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Figure 8.10: Wall power density and work per cycle for MC different admission
configuration, full model
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Figure 8.11: Damping ratios for different MC admission configurations.

8.3 Forced Response Analysis

In this section, a forced response analysis is performed using the mode su-
perposition method to calculate the vibration amplitude and the dynamic
stresses for different admission configurations. The harmonic loads are im-
ported from the unsteady CFD simulation according to the EO of interest
while the aerodynamic damping coefficients are taken from the test data as
shown in Table 5.3.

The forced response analysis is performed for nine different cases which are
tested experimentally as shown in Section 5.4. These nine cases represent
three different admission configurations MC5-100, MC5-80, and MC5-60a
and three different resonance crossing EO6, EO7, and EO8.

The tangential displacement of the blade tip for three different admission
percentages at EO6 is shown in Figure 8.12. The Tangential Vibration Am-
plitude (TVA) differs from the Measured Vibration Amplitude (MVA) which
is presented in Section 5.4 by the Correction Factor (CF) as represented in
Figure 8.13 and Equation 8.2.

C F = T V A

MV A
= 0.39 (8.2)



126 8 Effect of Multi-channel casing on Blade Vibration

LE 0.25 0.5 0.75 TE
0

50

100

150

200

250

Ta
n
g

e
n

ti
a
l 
d

is
p

la
ce

m
e
n

t 
a
t 

b
la

d
e
 t

ip

Normalized Axial Distance [ ]

MC5-60a

MC5-80

MC5-100

se
n
so

r

Figure 8.12: Blade tip displacement for different admission configuration, EO6

S
e
n
so

r

M
V
A

T
V
A

Axial Direction 

Ta
n
g

e
n

ti
a
l 
D

ir
e
ct

io
n
 

TVA    Tangential vibration amp.

MVA   Measured vibration amp.

Figure 8.13: First bending mode at blade tip, scale 100:1

For the same three cases, the dynamic stresses at the rotor blade are illus-
trated by means of an Haigh diagram as shown in Figure 8.14 and by the
contour plots as shown in Figure 8.15. This results shows how operating
the turbine at a certain admission configuration and operating conditions
would lead to HCF. Operating at the MC5-60a admission case leads to dy-
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namic stresses two times more than the safe range as illustrated by the red
circles on the Haigh diagram.
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The resultants TVA for all nine cases are plotted in comparison with the test
data in Figure 8.16. The comparison shows that simulation results generally
agree well with test data and that the trends are well-captured. It can there-
fore be concluded that the forced response analysis as conducted herein can
be used to assess the aeromechanics behavior of radial turbines featuring a
MC casing.
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Figure 8.16: FRA tangential vibration amplitude validation



9 Conclusions and Future Work

This study intends to create and test a multichannel casing design model
to replace the traditional spiral casing in a radial turbine. The intention of
this replacement is to provide performance controllability using the partial
admission idea without the need for neither movable parts nor complicated
control mechanisms. Controlling the radial turbine by this new approach
allows it to enter new applications such as the turbocharger for gasoline
engines. Moreover, this study also highlights the effect of using the multi-
channel casing and applying different partial admission configurations and
percentages on some of the radial turbine design aspects such as the operat-
ing efficiency and blade vibration. This aims to avoid operating the turbine
at low efficiency and avoid any high cyclic fatigue. The conclusions of this
study are listed in the following sections.

9.1 Multi-channel Casing Design

◦ Seven geometrical parameters (Eqn. 4.5, and Fig. 4.2) are chosen to
design the shape of the flow channel to achieve the required channel
throat area and comparable mass flow to the original spiral casing whi-
le keeping acceptable operating efficiency.

◦ Channel count (Sec. 4.4.1) is one of the parameters that noticeably af-
fect the performance of multi-channel casing turbines. Increasing it
results in more homogeneous flow angles (Fig. 4.9) and reduces the
flow recirculation at the rotor inlet (Fig. 4.7). This leads to a higher
mass flow rate for the same casing size (Fig. 4.5). It achieves also higher
operating efficiency for a comparable mass flow rate. The efficiency
increases until reaching a certain channel count where the efficiency
remains constant due to higher friction losses (Fig. 4.8). Special atten-
tion should be given for the selection of the channel count because



130 9 Conclusions and Future Work

it affects other turbine design aspects such as aerodynamic excitation
(Sec. 8.1).

◦ The ratio between the casing outlet and the rotor inlet diameters
(D2/D3) is used to define the turbine radial gap (Fig. 4.2). For the
same turbine casing size, increasing the radial gap reduces the turbine
mass flow rate (Fig. 4.10). It increases also the operating efficiency
until a certain value where the efficiency drops again (Fig. 4.10).

◦ All other MC geometrical parameters are discussed together because
they control the shape of the fluid channel. These parameters are
reduced to three variables: the channel areas ratio (Ao/Ath), channel
diameters ratio (D1/D2), and the channel inlet inclination angle (θL2).
A combination of these variables generate different shape of the fluid
channel (Tables 4.2, and 4.3) and affecting the turbine performance
(Fig. 4.13, 4.14, 4.15, and 4.16).

◦ All these effects are included in a MC design tool to generate an MC 3D
CAD model. This numerical tool runs iteratively (Fig. 4.17) until rea-
ching the objective function by achieving a comparable mass flow rate
and acceptable operating efficiency compared to the original turbine.

9.2 Effect of MC on the Turbine Performance

◦ The turbine operating efficiency at BEP decreases by decreasing the
admission percentage. The unsteady CFD simulation has predicted
this trend with sufficient accuracy based on the comparison with the
test data (Fig. 7.2).

◦ Different partial admission configurations cause an unsteady flow di-
sturbance even when operating at steady conditions (Fig. 7.3).

◦ Operating at partial admission causes shock losses, which depend
mainly on the pressure difference between the open and closed
channels, and admission percentage (Fig. 7.6).

◦ The turbine efficiency changes due to the geometrical optimizati-
on process are minor compared to the efficiency reduction due to
different partial admission percentages (Fig. 7.11).
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9.3 Effect of MC on the Blade Vibration

◦ Operating the turbine at a certain admission configurations increases
the harmonic pressure load on the rotor blades and leads to higher ex-
citation forces (Fig. 8.1). Therefore, building an excitation map for the
turbine featuring an MC at all admission configuration on the operat-
ing range is crucial in the preliminary design phase.

◦ The increase of the excitation forces at certain admission confi-
gurations is attributed to two main reasons. Firstly, the change in
the frequency spectrum i.e. creates harmonic pressure load at so-
me EOs which featured no loads at the full admission. Secondly,
lower admission percentage operated at a high expansion ratio which
increases the harmonic pressure amplitude.

◦ The generalized force approach proved its capability in predicting the
excitation forces (Fig. 8.3). Therefore, it’s a useful tool to build the ex-
citation map to avoid the turbine operation at high excitation forces.

◦ The full model approach is recommended to study the effect of the
different MC admission configurations on the rotor aerodynamic
damping (Fig. 8.9). Although the isolated rotor approach can save
computational time, it is unable to predict this effect.

◦ The MC shape and admission configurations have a influence on the
aerodynamic work and damping (Fig. 8.10).

◦ The change of the excitation forces due to applying certain admission
configurations is more significant than the change in aerodynamic
damping. Therefore, high excitation admission case results in high
vibration amplitude and high dynamic stresses which could lead to
HCF failure (Fig. 8.14).

9.4 Future Work

◦ After testing the multi-channel casing turbine on an hot gas test stand
and showes a comparable mass flow and better efficiency combared
to the orignal spiral casing turbine, the turbine should be tested in a
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internal combustion engine test stand to prove the efficient turbine
controlability in turbocharger application.

◦ Design a connecting mechanism to connect the turbocharger featu-
ring a MC to the internal combustion engine with the minimum pos-
sible losses.

◦ Upgrade the MC design model by adding an optimization routine to
generate the best efficient and safe MC geometry automatically.

◦ Test the MC casing design model on other turbines with different sizes
and applications.
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A.1 Throat Area (Equation 4.1)
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A.3 Inlet tube angles and diameter
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