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ŵ amplitude of displacement ω angular frequency (ω = 2π f )
x, y co-ordinates d cavity thickness

f force vector q generalized modal amplitude vector
v velocity vector Q generalized modal force vector

M mass matrix Sc coupling spring stiffness matrix
K stiffness matrix Φ, Ψ mode shape matrices

Material symbols

h uniform panel thickness s complex spring stiffness
m mass sc complex cavity spring stiffness
k spring stiffness per unit area ρ mass density
E Young’s modulus η damping loss factor
B bending stiffness ηp structural damping loss factor
D complex panel bending stiffness ν Poisson’s ratio

X



Acoustical symbols

c0 speed of sound in air fc coincidence frequency
k0 wavenumber in air ρ0 air density
p sound pressure pi incident plane wave pressure
p0 plane wave sound pressure p̂0 plane wave sound pressure amplitude

at normal incidence pr reflected plane wave pressure
p1 pressure load incident panel p̂1 constant incident pressure
p2 pressure load radiating panel vi incident sound velocity
Pi incident sound power vr reflected sound velocity
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Abstract

Lightweight constructions are based on multi-layer structures. Typical
lightweight structures are also commonly known as sandwich structures
which can be designed to have satisfactory sound insulation at high fre-
quencies but do not perform well at low frequencies. The objective of this
thesis is to investigate the implementation of internal resonators to impro-
ve the sound insulation of sandwich constructions at low frequencies with
least possible mass increase. The research is carried out using double panel
lightweight partitions. The benefits of double panel partitions are combi-
ned with the frequency dependent effect of distributed internal resonators.

As internal resonant system, for this investigation internal vibration ab-
sorbers are implemented into the cavity of a double panel partition. With
the focus on low frequencies, the interaction of the internal vibration ab-
sorbers with the modal behaviour of the panels is of particular interest.
Based on the modal expansion method beam and plate models are deri-
ved. These analytical models allow the calculation of the sound transmis-
sion loss for both normal and oblique sound incidence. A tuning approach
is derived using a simplified mass-spring model. This approach enabled
the design of internal vibration absorbers for specific acoustical conditi-
ons. A significant increase in the sound reduction index at low frequencies
was achieved by tuning the effect of the internal vibration absorbers to the
structural resonance of the host double panel structure.

The increase in the sound reduction index is experimentally verified in
a semi-anechoic chamber. For this purpose, the influence of the internal
vibration absorbers on the vibroacoustic characteristic of a double panel
structure is determined by comparing the measured radiated sound power
of the host structure with and without absorbers.

This study successfully applied internal resonators to finite lightweight
double panel structures for increasing the sound reduction at the MAM-
resonance. Since modal formulations allowed the investigation of mass
efficient resonator distributions, the frequency dependent increase in the
sound reduction was achieved without a significant mass penalty.
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Zusammenfassung

Leichtbaukonstruktionen sind gewöhnlich mehrschichtig aufgebaut, bei-
spielsweise als zweischaliges Sandwichbauteil. Der zunehmende Einsatz
solcher Leichtbauanwendungen aus ökonomischen und ökologischen
Gründen erschwert einen hochwertigen Schallschutz, insbesondere bei tie-
fen Frequenzen. Unter der Nutzung der Vorteile von mehrschaligen Plat-
tenstrukturen zielt diese Dissertation auf eine effiziente gewichtsminimier-
te Anwendung interner Resonatoren. Damit kann eine frequenzabhängi-
ge Verbesserung der Schalldämmung bei tiefen Frequenzen erreicht wer-
den. Für die durchgeführten Untersuchungen wurde eine doppelwandige
Leichtbaukonstruktion mit Hohlraum zwischen den Schalen als Träger-
konstruktion herangezogen.

Schwerpunkt dieser Arbeit ist die Untersuchung von internen
Schwingungsabsorbern, welche in den Hohlraum eingebracht werden.
Aufgrund der erwünschten Verbesserung der Schalldämmung bei tiefen
Frequenzen ist ein Hauptaugenmerk dem modalen Verhalten der Grund-
struktur gewidmet. In diesem Zusammenhang untersucht die Arbeit die
Wirkung von an definierten Punkten eingebrachten internen Schwingungs-
absorbern. Basierend auf der Methode der modalen Entwicklung wurde
ein Balken- und ein Plattenmodell erstellt. Diese beiden Rechenmodelle
ermöglichen es, den Zusammenhang der Positionierung der internen Re-
sonatoren in Abhängigkeit von den Schwingungsmoden der Platten zu
analysieren. Weiterhin wurde mit einem Feder-Masse-Modell ein Werk-
zeug zur Abstimmung der internen Resonatoren geschaffen. Zur Verifizie-
rung des Einflusses der internen Schwingungsabsorber wurden Messun-
gen in einem Halbfreifeldraum durchgeführt. Dabei wurde der Einfluss
der Schwingungsabsorber auf die Grundstruktur anhand der abgestrahl-
ten Schallleistung ermittelt.

Die Untersuchungen haben gezeigt, dass durch den Einsatz interner Re-
sonatoren eine deutliche frequenzabhängige Verbesserung der Schalldäm-
mung erreicht werden kann. Dabei handelt es sich um ein internes Absor-
bersystem, dessen Masse bei einer späteren industriellen Umsetzung in
ein federndes Material eingebracht werden kann.
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Introduction

Recent concerns about global warming, carbon dioxide emissions and ener-
gy consumption draw the focus on one common solution, the use of light-
weight constructions. In this context, lightweight materials as partitions
in civil, automotive, shipbuilding and aerospace engineering raised consi-
derable interest in their capacity for acoustic insulation. Innovative light-
weight constructions can provide high sound transmission loss and func-
tionality. Therefore, acoustical comfort can be achieved taking the require-
ments due to environmental issues into account.

It is well known that lightweight structures tend to vibrate more easily
and radiate more sound. In many fields of mechanical engineering design,
absorbing or damping materials are applied to minimize noise emission
at the expense of significant weight penalties. But these noise control solu-
tions have only small effects on low-frequency noise problems. So far, re-
searchers have paid less attention to low-frequency noise despite the fact
that it has become a major problem in residential areas. With the increa-
sing demand for lightweight constructions, the low-frequency noise beco-
mes an even more urgent issue. Many outdoor sources emit considerable
low-frequency noise, which is less effectively reduced by partitions and
other protective structures. In order to solve problems of noise control in
industry and transportation, it is often necessary to considerably increase
the transmission loss of panels in a narrow frequency band. This problem
becomes particularly important when discrete low-frequency components
dominate the spectrum of noise that needs to be suppressed. Therefore,
noise-optimized structures can be achieved by applying noise reduction
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concepts that allow for lightweight design and higher functionality with
respect to the intended application and operational conditions. This fre-
quency dependent application is known as smart material technology. In-
novative smart materials comprise frequency dependent adaptive proper-
ties to change the vibroacoustic characteristic of the structure by reducing
structural vibrations or the efficiency of radiation. These structural modi-
fications can be achieved by passive or active components.

Based on the smart material technology, the objective of this thesis is to
investigate multifunctional lightweight structures with distributed reso-
nant systems. The structures under investigation combine the benefits of
multi-layer sandwich constructions with the frequency dependent effect
of locally distributed internal resonators. Sandwich constructions with in-
ternal layers of resilient materials already provide sufficient sound trans-
mission loss properties at higher frequencies. However, at low frequencies
the sound transmission loss characteristic deteriorates significantly due to
structural resonances.

This thesis introduces the implementation of vibration absorbers into the
partition following the technique of embedded masses. Recent research on
sound and vibration has shown interest in wave transmission in infinite
structures with embedded masses. These structures comprise rigid mas-
ses coated by resilient materials which bears a similarity to a mechanical
vibration absorber. In order to improve the sound reduction of lightweight
structures at low frequencies, the idea of internal resonators combines the
technique of embedded masses with the properties of vibration absorbers.
For mechanical systems, low frequency resonance vibrations are often re-
duced by vibration absorbers.

2



In this thesis, the vibroacoustic behaviour of lightweight structures with
internal resonators is described by three analytical models and verified ex-
perimentally. Since the aim of this thesis is to improve the sound transmis-
sion loss characteristic of lightweight structures at low frequencies with
least possible mass increase, the modal behavior of the structure is taken
into account. This thesis evaluates the performance of finite lightweight
structures with internal resonators by the resulting sound transmission
loss.

Structure of the thesis

Due to the expected influence of the modal behaviour of the host struc-
ture to the performance of internal resonators, this thesis is focused on the
development of analytical tools to describe the effect of internal vibration
absorbers. Accordingly, the complex interaction between the internal vi-
bration absorbers and the host structure has been analysed comprehensi-
vely. As the project of internal vibration absorbers is still at an early stage,
the experimental efforts are kept on a small scale. This thesis is structured
as follows:

1. Review of sound transmission: This chapter reviews the important stu-
dies on the calculation of the sound transmission loss. During the last
century, the fundamental principles of sound transmission through sin-
gle and double partitions have been comprehensively investigated. Par-
ticular interest is given to published theoretical models on sound trans-
mission through double panel partitions.

2. Internal resonant systems: This chapter discusses relevant literature on
the idea of internal resonant elements . Recent research on sound trans-
mission through partitions has contributed new innovative concepts to
smart material solutions. These materials use narrow band effects for
a frequency dependent improvement of the sound transmission pro-
perties. Applications using embedded masses in resilient materials are

3



discussed in conjunction with the concept of internal resonators.

3. Mass-spring model: In this chapter, the idea of internal resonators is
introduced and described using a mass-spring model. This simplified
model provides an initial insight into the general principles of imple-
mented vibration absorbers. The equation of motion is formulated in
matrix form.

4. One-dimensional beam model: It is expected that efficient positions for
the internal vibration absorbers under investigation are dependent on
structural modes of the host structure. In order to understand this in-
teraction between the internal vibration absorbers and the panels of the
structure, first, a one-dimensional beam model was derived. This chap-
ter presents the derivation of the equations of motion using the modal
expansion method. The beam model provides sound transmission loss
formulations for normal and oblique sound incidence.

5. Two-dimensional plate model: Accounting for the second dimension,
the beam-model was extended to the two-dimensional plate model.
This plate model gives strong assistance in designing lightweight con-
structions with internal vibration absorbers. Prior to the production of
samples it provides an estimation of the sound transmission loss for
finite double panel structures with implemented vibration absorbers.
Extending the beam model, equations for the calculation of the sound
transmission loss for normal and oblique sound incidence are given.

6. Parameter study: Based on the mass-spring model, this chapter pres-
ents a tuning approach that reveals the parameters of the internal vi-
bration absorbers for selected frequencies. For the structural resonance
of a double panel partition, the dynamic interaction of the internal vi-
bration absorbers with the host structure is visualized using a finite
element analysis. When the internal vibration absorbers are tuned to
the structural resonance of a double panel partition aspects of sym-
metry are discussed. The influence of the internal vibration absorbers

4



on the sound transmission loss of the host structure was computed for
all three analytical models. Results for normal and oblique sound in-
cidence are presented. For finite panels the effect of internal vibration
absorbers with different numbers and locations was calculated using
the two-dimensional plate model of chapter 5. At the end of this chap-
ter, the application of wideband vibration absorbers to the concept of
internal resonators is discussed.

7. Measurement: In this chapter a final measurement is presented for a
simplified sample. The measurement illustrates the influence of the in-
ternal vibration absorbers on the host structure. For this purpose, the
radiated sound power was measured for a double panel construction
with and without implemented internal absorbers. The internal vibrati-
on absorbers were tuned to have their resonance at the Mass-Air-Mass
resonance (MAM) of the double panel host structure.

8. Summary and Outlook: This chapter summarizes the main impacts of
internal vibration absorbers to the sound transmission of lightweight
constructions. Conclusions are drawn for the potential of internal vi-
bration absorbers as integral part of innovative lightweight solutions.
Finally, suggestions for further studies on the concept of internal reso-
nators and in particular internal vibration absorbers are given.

5



Contributions of the research

The contribution of this thesis lies in the first comprehensive study on in-
ternal vibration absorbers as internal low-frequency resonator within dou-
ble panel partitions. In order to improve the sound transmission loss of
lightweight constructions, internal vibration absorbers are designed to re-
duce sound transmission at low frequencies. Therefore, this thesis consi-
ders finite structures taking the modal influence into account. The princip-
les of internal vibration absorbers and their effect on lightweight construc-
tions were investigated by three analytical models. These models provide
significant assistance to subsequent parameter studies and specific propo-
sals for industrial applications.

As part of the project on internal resonators, this thesis provides :

• Analytical tools for the design of internal vibration absorbers and the
estimation of their effect on the sound transmission loss of double
panel lightweight partitions.

• Numerical parameter studies.

• Initial experimental verification demonstrating the effect of internal
vibration absorbers.
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Chapter 1

Review of sound transmission

Sound transmission loss is the reduction in noise level due to propagati-
on of a sound wave through an object or medium. Some media transmit
sound better than others, an effect which is quantified by the sound trans-
mission loss. The investigation of the fundamental principles of sound
transmission through partitions was the subject of research for many years.
By understanding this physical problem, various ways for the prediction
of sound transmission loss were published. The research on sound trans-
mission revealed the sound transmission characteristics of single and dou-
ble panel partitions, which is schematically presented in Figure 1.1.

1.1 Single panel partitions

At low frequencies, the sound transmission loss of an infinite single panel
is described by the “mass law” where the transmission loss of the panel
depends upon the frequency of the sound and the mass per unit area of
the partition. Analytical models for the prediction of sound transmissi-
on loss were developed under certain idealized conditions. Most of these
models assumed that the panels are infinitely extended and the incident
sound field on the panel is a plane wave or random incidence. In 1942,
Cremer [1] demonstrated the existence of the important “coincidence” ef-
fect in the overall sound transmission loss of single panel partitions (Figu-
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Figure 1.1: Sketch of sound transmission loss over frequency. A: double

panel resonance; B: coincidence effect

re 1.1). At the coincidence frequency, the bending wavelength of the panel
and the acoustic trace wavelength in air are equal. This relation is illustra-
ted in Figure 1.2. Below the coincidence frequency, the transverse bending
wavelength of the panel is smaller than the wavelength of an acoustic wa-
ve in air at the same frequency. In this case, the sound transmission loss
of a panel is described by the mass law that corresponds to an increase
of 6 dB/octave for single angle of incidence [2]. Above the coincidence
frequency the bending wave is longer than the acoustic wavelength. The-
refore, above the coincidence transmission sound is less efficiently trans-
mitted. The sound transmission loss increases again. .
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Continuing the study on infinite single panel partitions, London [3] inves-

t r a n s m i t t e d  w a v er e f l e c t e d  w a v e
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l

q

Figure 1.2: Sound transmission through an infinite thin panel for oblique
plane wave incidence.

tigated the transmission loss of a single panel partition in a diffuse field.
A further fundamental work on sound transmission loss of a single panel
was published by Sewell [4], who obtained a complete solution for finite
panels using a modal approach. This approach applies the modal expan-
sion method, where the contribution of each mode is taken into account
over the frequency band considered.

The formulations presented in this thesis on a finite structure with internal
resonators are entirely described by such a modal approach.
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1.2 Double panel partitions

Double panel partitions and sandwich structures are typical lightweight
structures with multiple layers. Double panel partitions are primarily used
in buildings while the much thinner sandwich constructions are common-
ly used for industrial applications.

Common double panel partitions used in buildings contain air or mine-
ral wool in the cavity. Unfortunately, the sound transmission loss is not
just the sum of the results for two leaves when used in isolation. For this
reason, the sound transmission loss of double panel partitions is much
more complex than that of single panel partitions. At low frequencies the
air or the absorbent in the cavity acts as a spring and dynamically couples
the two leaves transferring vibrational energy from one layer to the other.
This energy transfer causes a significant deterioration of the sound trans-
mission loss at the so called Mass-Air-Mass resonance (MAM) or double
panel resonance (Figure 1.1). Besides the MAM-resonance, which mainly
depends on the mass of the panels and the distance between the panels,
the sound transmission loss of the double panel partition is significantly
controlled by the properties of the absorbent and the frame with its struc-
tural connections.

In 1949 Beranek and Work [5] studied the transmission of sound through a
simple double panel partition without structural connections. They dealt
only with normal incidence and did not consider any damping terms. Be-
ranek and Work modelled the interaction between different layers using
an impedance approach which allows for the analysis of a large number
of possible panel constructions at normal sound incidence. As for the re-
search on single panel partitions, London [6] studied the transmission loss
of a double wall in a diffuse sound field. For infinite double panel partiti-
ons London introduced a ray approach for the cavity without absorbent.
He described the sound transmission within the cavity by forward and re-
verse travelling waves between the two leaves. By integration over the in-
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cidence angle, the average transmission loss for a diffuse sound field was
calculated. Based on the formulations of Beranek and London, Mulhol-
land et al. [7] studied the transmission loss of double panel partitions with
absorbent in the cavity. The absorption was assumed to take place on the
surfaces of the panels. Therefore, the sound absorption in the cavity was
introduced by an extra term in the sound transmission formulation by at-
tributing an absorption coefficient to the inner surfaces of the panels. As
London’s multiple-reflection theory model is restricted to the case where
no absorbing material is contained within the cavity, Cummings and Mul-
holland [8] modified London’s model to finite-sized double partitions at
arbitrary angles of incidence with sound absorption located on the edge
of the cavity. For the first time, this approach accounts for the modal in-
plane sound field of the cavity depending on cavity wave number, wave
direction and the impedance at the edges of the cavity.

This research on arbitrary angles of sound incidence established two clas-
sical methods for predicting the transmission loss of a panel at diffuse
sound incidence. The first is the diffuse field method [9], also known as
Paris formula. By this formulation the transmission coefficient of the pa-
nel is derived as function of frequency and angle of incidence and an in-
tegration over angle is performed. The second classical method is the so
called mode coupling method, presented by White and Powell [10]. This
approach derives the transmission loss of a finite rectangular double panel
partition by considering the dominant coupling of the room modes in the
transmission and reception room. The modal coupling between the rooms
is related to the structural and acoustical characteristic of the partition.

In a next step, the sound transmission through double panel partitions
was investigated by Price and Crocker [11] who applied statistical energy
analysis (SEA) to the research on sound transmission loss. The statistical
energy analysis uses resonant coupling for the description of a complica-
ted system by dividing the system into subsystems which correspond to
its uncoupled modes. In the case of a double panel partition, the model
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consists of five coupled resonant systems: room-panel-cavity-panel-room.
Price and Crocker first studied the transmission through double panel par-
titions only with absorption placed at the edges of the cavity [12]. This me-
thod gives simple expressions for reverberant sound fields but uses coup-
ling loss factors on a rather empirical basis. In the last decades, this basic
application of SEA for the prediction of the sound transmission loss of
double panel partitions was improved by a number of authors [13–16].

The effect of cavity absorption was considered in different models. Gö-
sele [17] proposed a simplified method to predict the sound transmission
loss through double panel partitions without structure-borne connections.
In Gösele’s analysis it is necessary to have a prior knowledge of the trans-
mission loss of the face panels. The sound absorbing material is conside-
red as a spring with stiffness depending on the specific flow resistance.
Approximate formulas are obtained for the transmission loss above and
below the coincidence frequency. Fahy [2] simulated the effect of cavity
absorption by using a complex wave number which is highly related to
the flow resistivity. Later Fahy [18] extended his model by three principal
parameters characterizing the acoustic properties of the absorptive mate-
rial. These are the flow resistivity, the porosity of the absorptive material
and a structure factor. Although resonant transmission between the adja-
cent rooms was not considered in Fahy’s models, the advantage of these
models is the illustration of the lowest structural panel mode in the sound
transmission loss characteristic.

Taking multi-dimensional wave propagation in the porous material in-
to account, Bolton et al. [19] presented a theoretical model based on the
theory proposed by Biot [20]. Formulations introduced by Biot and subse-
quently Allard et al. [21] describe the wave propagation in infinite elastic
porous materials by stress-strain relations in the porous layer. For the wa-
ve propagation in elastic porous cavity materials Bolton et al. integrated
this stress-strain principle into the prediction of transmission loss of dou-
ble panel constructions at arbitrary angles of incidence.
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So far, the cavity absorptive material was assumed to be one simple poro-
elastic material. If the double panel construction is considered as a laye-
red system of three arbitrary layers, the formulations governed by the
stress-strain relations lead to the theories of infinite layered medias. The
contributions of Skelton and James [22] on isotropic and anisotropic infi-
nite layered media suggested the dynamic stiffness matrix approach for
multi-layered medias. Maysenhölder and James extended this approach
to additional layer types including porous media modelled according to
Biot’s theory [20]. The method was implemented into a software tool cal-
led LAYERS [23].

Several further publications were focused on specific aspects of multiple
layer structures. The work of Au and Byrne [24], used the transfer impe-
dance method for the analysis of lagging structures comprising flexible
and impervious layers, such as rubber and orthotropic profiled panels.
The model of Au and Byrne was modified for double panel partitions by
Ver [25]. The influence of the boundary conditions to the sound transmis-
sion loss was the subject of several studies [26,27]. Recently, the increasing
numerical resources of personal computers brought the numerical finite
element (FE) analysis [28] and boundary element (BE) analysis [28] to the
investigation of sound transmission through single and double panel par-
titions. The FE and BE techniques were used to analyse the effect of room
dimensions on the resonant sound insulation of partitions at low frequen-
cies [29–31].

Following the research on single panel partitions, the research on sound
transmission through double panel partitions revealed various approa-
ches for the calculation of the sound transmission loss characteristic. For
normal and diffuse sound field incidence research on sound transmissi-
on through double panel partitions achieved a high level of accuracy. A
comprehensive understanding for aspects of cavity absorption and modal
influences was established.
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Nowadays, besides the research on an accurate estimation of sound trans-
mission through double panel partitions, an increasing number of research
projects are devoted to the frequency areas with a particular high sound
transmission. In order to achieve a higher sound reduction for example
at the MAM-resonance or the coincidence frequency, innovative solutions
from material science are applied to double panel partitions. In the fol-
lowing, this study discusses the application of vibration absorbers in the
cavity of finite double panel partitions.
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Chapter 2

Internal resonant systems

2.1 Introduction

The sound transmission loss of double panel partitions can be described
by three physical phenomena; the deterioration at the MAM-
resonance, the coincidence effect, and the increase at middle and higher
frequencies (Figure 1.1). In comparison to single panel partitions, at fre-
quencies above the MAM-resonance, the use of double panel partitions
achieves large improvements in sound insulation for a wide frequency
range. At frequency bands centered at the coincidence frequency, the sound
transmission loss is low due to flexural modes in resonance. For diffuse
sound incidence, these modes have the same wavelength as the acoustical
incident waves. As these flexural modes are in resonance, the transmis-
sion of sound can be reduced by increasing the internal damping of the
panels [18]. Therefore, the most common approach for mitigating coinci-
dence dips is using constrained layer damping [32].

Comprehensive understanding of the coincidence frequency is available
in the corresponding acoustic literature. The coincidence frequency is de-
fined by the material parameters of the panel. For a panel with mass per
unit area m′′, thickness h, Young’s modulus E and Poisson’s ratio ν the
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coincidence is calculated by

fc =
c2

0
2π

√
12m′′(1− ν2)

Eh3 (2.1)

where c0 is the speed of sound in air.

Hence, increasing a plate’s elastic modulus speeds up flexural waves and
lowers the plate’s coincidence frequency. Increasing a plate’s density in-
creases its mass, slowing down flexural waves, and raises the plate’s coin-
cidence frequency. Therefore, if increasing the structural damping is not
possible, the partitions can be designed by shifting the coincidence fre-
quency out of the frequency range of interest. Stiffening a plate lowers its
coincidence frequency and allows it to radiate sound at lower frequencies.
Conversely, mass loading a plate raises its coincidence frequency [33].

Hence, considering the coincidence frequency as a manageable issue for
both single and double panel partitions, the use of double panel partiti-
ons results in a significant improvement of the sound transmission loss
above the MAM-resonance. However, the sound transmission loss of dou-
ble panel partitions still decreases rapidly at low frequencies around the
MAM-resonance. This deterioration occurs in the low frequency range that
already has poor sound insulation. Therefore this drop in sound insulati-
on may be perceived as more important than the improvement in high
frequencies. Consequently, the benefits of double panel partitions for the
sound transmission loss at high frequencies are achieved on the expense
of low sound insulation at low frequencies.

The increasing use of double panel partitions, or multi layer structures,
requires innovative solutions allowing for a higher sound insulation at
low frequencies. With strict limitations on mass and size, the necessary
increase of sound insulation can perhaps be achieved by the application
of resonant systems. For this purpose, the cavity between the two panels
of a double panel partition offers a great opportunity for the application
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of internal resonant systems. In 1985, the issue of low sound transmissi-
on loss at low frequencies and the use of resonant system was subject of
a pilot study. Enger and Vigran [34] indicated the possibilities of using
the air gap of a double panel partition for the implementation of resonant
systems, but no detailed analysis was presented. Enger and Vigran achie-
ved sound attenuation by effective shunting of the stiffness of the air ca-
vity by a low impedance resonant system. By this means, several concepts
of resonant systems can be considered to be implemented into the cavity
of multi-layer structures. Taking successful techniques of adjacent sound
and vibration areas into account, the most promising techniques are: from
room acoustics, the use of Helmholtz resonators, from material science, the
research on photonic band gaps and from the area of structural vibration
engineering, the well known vibration absorbers.

2.2 Helmholtz resonator

Based on the physical principle of Enger and Vigran, the use of tuned
Helmholtz resonators to improve the sound transmission loss of double
panel partitions was published by different authors. Mason and Fahy [35]
investigated the potential effectiveness of Helmholtz resonators coupled
to the air cavity enclosed between the two leaves of the partition.
Prydz et al. [36] presented two different methods to analyze the transmis-
sion loss of a multi-layer panel with internal Helmholtz resonators. One
of the methods is based on the pressure ratio approach of Beranek and
Work [5] and the other uses a transfer matrix approach [37]. So far, only
infinite structures were the subject of these approaches.

For a finite double panel partition with an air-cavity, Mao and Pietrzko [38]
presented an analytical model of fully coupled structural-acoustic Helm-
holtz-resonators. The governing equations of the system were obtained by
a modal coupling method taking the acoustical field within the cavity into
account. Additionally, the optimal parameters of the Helmholtz resonators
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maximizing the improvement of the sound transmission loss were discus-
sed in detail. The results show that tuned acoustic resonators applied to a
double panel structure can provide large increase in the transmission loss
at a selected frequency range. In particular, substantial improvements may
be obtained around the MAM-resonance.

In general, an efficient use of Helmholtz resonators requires double panel
constructions with air-cavity. Nevertheless, in order to combine the be-
nefits of absorptive materials and Helmholtz resonators, Prydz et al. [36]
attached an additional absorptive layer into the cavity.

Another concept of combining different noise reducing measures was pre-
sented by Estève and Johnson [39]. For the interior noise control of a cy-
linder, Estève and Johnson suggested the combined use of passive distri-
buted vibration absorbers and Helmholtz resonators.

Recent material research follows the idea of inherent acoustical soluti-
ons. By this means, acoustical elements are already included into mate-
rials during the production process. In this context, an interesting mate-
rial was presented by Ladner et al. [40] called innovative metallic hollow
sphere absorptive material. The acoustic dissipation is achieved by visco-
thermal effect inside hollow spheres and micro-porosities. It is conside-
red as a high absorptive material that incorporates Helmholtz resonators.
The Helmholtz-resonator consists of the hollow sphere as resonator volu-
me and the micro porosities as neck. Presented results show an increased
sound reduction at frequencies above 1 kHz. Moving this increase to lower
frequencies will be restricted by the required space for the hollow spheres.

A similar solution was presented by Iwao et al. [41,42] for the automotive
industry. Due to internal material modifications, a sound insulation panel
is used as engine shield which simultaneously provides the contradictory
requirements of sound insulation and ventilation.
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2.3 Resonant sonic materials

Recently, investigations on innovative materials that provide an increa-
sed sound transmission loss without increasing the total mass brought at-
tention to the concept of “classical wave spectral gap”, in particular the
“photonic band gap”. This concept was originally introduced in the area
of electromagnetic wave sciences. Due to periodic structures in photonic
crystals the propagation of electromagnetic waves is affected which leads
to the effect of forbidden frequency bands where electromagnetic waves
cannot propagate through the structure [43]. This physical phenomenon is
called the “photonic band gap”.

In theory, by the extension to studies of elastic waves the principle of spec-
tral band gaps can achieve total sound attenuation in a certain frequency
range. Within this frequency range the elastic wave gap forbids vibrations
to propagate. With respect to photonic crystals, the necessary periodic mo-
dulation within the structure can be implemented by localized resonances.
At the University of Hong Kong [44] a group of physicists proposed a local
resonance band gap mechanism by a “locally resonant sonic material”. For
this purpose, composites containing cubic arrays of silicon-rubber coated
lead spheres immersed in an epoxy matrix were designed. First investiga-
tions of this locally resonant sonic material showed a significant reduction
of the sound transmission at frequencies between 250 Hz and 500 Hz. A
subsequent publication presented measurements of the locally resonant
sonic material in an impedance tube which confirmed the reduction in
sound transmission [45]. However, whether this material can be applied
to achieve a significant improvement of the sound transmission loss in the
low frequency range is not yet indicated.

In order to predict the performance of such a locally resonant material,
Maysenhölder modelled a structure with embedded resonant systems as
an idealised thin plate with periodically arranged inhomogeneities [46].
He used a theoretical description for the sound transmission loss of peri-
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odically inhomogeneous thin plates [47]. The formulations of this theory
were implemented in the computer code HYPERAKUS [48]. Maysenhöl-
der presented first results calculated with HYPERAKUS, but it was found
that the numerical requirements were rather high and exceeded the capa-
city limits of available computer systems.

In principle, resonant sonic materials can be modelled by mechanical mass-
spring systems [49]. When Maysenhölder presented his study on locally
resonant materials modelled as periodically inhomogeneous thin plates,
he also provided a simplified model based on harmonic oscillators [46].
Considering the lead core as the mass and the silicone as the spring of
an oscillating system mounted on a simply supported plate representing
the epoxy matrix, the main features of the sound transmission characte-
ristic were demonstrated by this model. In a subsequent study, Maysen-
hölder presented an advanced formulation of the harmonic oscillator [50],
in which both spring constant and mass of the harmonic oscillator were
described by complex functions of frequency. The idea of using a complex
mass formulation for composite structures was originally introduced by
the investigation of sound absorbing materials made of basic rubberlike
material with heavy inclusions using a complex density notation [51, 52].
The extension to structural acoustics by Maysenhölder allowed for a con-
venient description of locally resonant materials when internal resonant
systems are enclosed in a rigid frame. Xiao et al. [53] published a parame-
ter study carried out using a thin epoxy plate containing a periodic square
array of lead discs hemmed around by rubber. Numerical results proved
the existence of full band gaps where flexural vibration is prevented. Spe-
cial interest was given to the width of the first full band gap which turned
out to be highly dependent on the radius ratio of lead disc to rubber clad-
ding and the filling fraction.

Multiple mass inclusions added to the poro-elastic layer of standard acou-
stic blankets were subject of measurements presented by Kidner et al. [54].
At low frequencies around 100 Hz, an increase of the insertion loss by 15
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dB was achieved due to the randomly distributed mass inclusions. The-
refore, the idea of resonant sonic materials can be considered as an inno-
vative engineering application which has been studied theoretically for a
couple of years. Recently, a first practical implementation used the idea of
distributed mass inclusions as new passive noise control device to reduce
aircraft interior noise [55].

Besides the research on resonant sonic materials above, Weith and Peters-
son investigated the wave propagation throughout beams and plates with
embedded rubber coated steel balls [56, 57]. It is well known that added
masses and springs on structures reduce the vibrational response to an
external force at an arbitrary location [32]. For selected positions, the at-
tached masses and springs act as secondary forces which eliminate the
vibration response for certain frequency bands, also known as stop-bands.
Weith and Petersson investigated the effect of added resonant inserts by
so called periodic microstructure composites. First, steel balls were embed-
ded into the neutral layer of homogeneous beams [56,58] and plates [57,59]
and the expected stop-bands were obtained. In a second step, the steel
balls were exchanged by rubber coated steel balls, therefore they were now
resonant. Thus, by implementation of rubber coated steel balls Weith and
Petersson discovered that the stop- and pass-band behaviour vanished but
attenuation was achieved by the resonance effects of the now resonant in-
serts. Weith and Petersson showed the general potential of internal reso-
nant systems by evaluating transfer functions of periodic microstructure
composite beams and plates.

Both the research on resonant sonic material and on periodic microstruc-
ture composites revealed promising results. However, presented results
are restricted to infinite structures or high frequencies. This thesis will ex-
tend the research on internal resonant systems to the issue of sound trans-
mission through finite structures and low frequencies. Especially the re-
search on infinite structures can be hardly transferred into real applica-
tions. In 2002, based on the results presented by Maysenhölder [46] the
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author carried out measurements on finite double panel partitions in a
sound transmission laboratory. The measurements were conducted accor-
ding to the standard DIN EN ISO 140-3. Although the results of Maysen-
hölder [46] showed for infinite structures a clear resonant effect, this ex-
pected effect due to the internal absorbers was not detected by the measu-
rements. As a consequence, the experiments on finite structures following
the work of Maysenhölder were continued by the author in a impedance
tube for plane wave incidence [60]. It was concluded, that the implemen-
tation of resonant systems requires a more complex understanding of the
entire structure, taking the modal behaviour into account.
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2.4 Vibration absorber

The resonant sonic materials above can be considered as a mechanical in-
ternal vibration absorber system, where the entire mass is attached to the
resilient material.

Since the vibration absorber has been described by Ormondroyd and Den
Hartog [61], it was widely used for structural vibration and noise control,
e.g. in automobiles, buildings, airplanes or to protect sensitive equipment
from adverse vibrations. The idealised vibration absorber consists of a ri-
gid mass attached to one end of a spring which has constant stiffness. De-
pending on the application, the vibration absorber is also frequently called
a vibration neutralizer [62]. The classical vibration absorber is used to con-
trol a troublesome resonance frequency of the host structure. The term vi-
bration neutralizer is referred to the purpose of suppressing the vibration
due to a troublesome forcing frequency. Therefore, the classical purpose of
a vibration absorber is required when applying it to partitions for broad-
band excitation and this term is used throughout this thesis.

For many years, intensive research has been conducted on beam struc-
tures with added masses and springs. Additional masses and springs at-
tached to the beam structure at certain location may reduce the response
to an external force at an arbitrary location. Ordinary applications invol-
ve a vibration absorber to control vibration of resonant structures at the
point where it is attached. Recent applications applied vibration absorbers
to control sound radiation from vibrating structures by changing the glo-
bal structural response [62,63]. Vibration absorbers attached on beams and
plates can be used for structural acoustic optimization with various inten-
tions. Primarily, the radiated acoustic power, due to structural vibration,
is minimized by reducing the structural response. Another approach de-
termines optimized surface velocity profiles when the structure has mini-
mum acoustic radiation. The desired velocity profiles are realized by using
vibration absorbers.
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Efimtsov and Lazarev [64,65] described the sound transmission loss of pa-
nels with attached vibration absorbers and other resonant elements. For
single [64] and double panel partitions [65] various applications of moun-
ted resonant elements were presented. The different applications were dis-
cussed by their physical behaviour, caused by structural and acoustical ex-
citation. Presented results showed that the use of resonant elements can in-
crease the transmission loss of sound insulating structures and reduce the
acoustic radiation in the low-frequency range, where conventional struc-
tures do not provide the required efficiency of sound insulation. Specific
applications concerning aerospace structures were presented using moun-
ted vibration absorbers to reduce the sound transmission into acoustic vo-
lumes bounded by cylindrical shells [66, 67].

This project extends these studies by implementing vibration absorbers
in the intervening cavity of double panel partitions. In order to improve
the sound transmission loss of lightweight constructions in the low fre-
quency region, various resonant elements are implemented into the cavity
of double panel partitions. Gösele [68] suggested in his study the use of
”acoustical leeches”. Following the idea of Gösele, this study was devoted
to derive a theoretical description of double panel partition with internal
vibration absorbers. Regarding the research on distributed vibration ab-
sorbers for global structural control solutions, this work paid attention to
the location of the vibration absorbers. By this means, the modal beha-
viour of both panels was taken into account.

In conclusion, this study has the objective to achieve an increased sound
transmission loss at the MAM-resonance by implementing vibration ab-
sorbers into the cavity of double panel partitions. It is intended to achieve
this increase with least possible mass penalty. Special interest is given to an
absorber system similar to ”resonant sonic material”, where the absorber
mass is coated by a resilient material.

24



Chapter 3

Mass-spring model

The implementation of vibration absorbers into the intervening cavity of a
double panel partition enables various configurations. With respect to the
general description of a vibration absorber as a mechanical mass-spring
system, double panel partitions with differently attached internal vibrati-
on absorbers can be illustrated by a simple mass-spring model. In additi-
on, regarding the main purpose of the application of internal vibration ab-
sorbers to sound transmission at low frequencies, this simple mass-spring
approach provides a first understanding of the general physical principles
of the structures under investigation.

3.1 Host double panel partition

The host structure of this project was a lightweight double panel construc-
tion without structural connections and a cavity filled only with air. The-
refore, it was described by the mass-spring model as shown in Figure 3.1.
The panels and the air gap were considered as a coupled mechanical acou-
stical system.
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Figure 3.1: Mass-spring model of a double panel partition.

The two panels of the double panel partition are assumed to be lumped
masses with the mass per unit area m′′

1 and m′′
2 . These two masses are

connected by a translational spring representing the cavity layer between
the panels. The cavity spring is assumed to be massless and have constant
stiffness k. For an air cavity this spring stiffness per unit area k is given by

k =
c2

0ρ0

d
(3.1)

where c0 is the velocity of air, ρ0 is the density of air and d stands for
the thickness of the air cavity. The damping loss factor η is introduced by
using the complex stiffness for the cavity spring s′′c = k(1 + iη).

Applying force equilibrium conditions the equations of motion for the two
panels of the double panel partition due to a harmonic input force per unit
area F1 at circular frequency ω can be written as

iωm′′
1 v1 +

1
iω

s′′c (v1 − v2) = F1

iωm′′
2 v2 +

1
iω

s′′c (v2 − v1) = 0 (3.2)

where v1 and v2 are the velocities of the two panels. These equations can
be simplified to

(
iω

[
m′′

1 0
0 m′′

2

]
+

1
iω

[
s′′c −s′′c
−s′′c s′′c

]) (
v1

v2

)
=

(
F1

0

)
. (3.3)

Introducing mass matrix and stiffness matrix notation the equation of mo-
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tion of the double panel partition is described by

1
iω

(
−ω2M + K

)
v = f (3.4)

where the mass matrix M and the stiffness matrix K are given by

M =

[
m′′

1 0
0 m′′

2

]
, K =

[
s′′c −s′′c
−s′′c s′′c

]
,

and the velocity vector v and force vector f are

v =

[
v1

v2

]
, f =

[
F1

0

]
.

For the double panel partition the motion of the incident panel due to the
harmonic input force F1 is transmitted to the radiating panel through the
cavity spring. For the mass-spring model (Figure 3.1), the panel on the
left hand side with mass per unit area m′′

1 and the adjacent incident for-
ce is called the incident panel and the panel on the right hand side with
mass per unit area m′′

2 is called the radiating panel. In principle, the sound
transmission of the double panel structure is controlled by the structu-
ral response and the corresponding sound radiation which is caused by
the motion of the radiating panel. In order to achieve a better understan-
ding of the structural characteristics of the internal vibration absorbers,
attention was given initially to the structural response without taking the
acoustical sound radiation into account. For a double panel structure the
structural response can be obtained by the transfer impedance, which is
defined by the ratio of the incident input force to the generated velocity
of the radiating panel. Figure 3.2 shows the transfer impedance F1/v2 of
a double panel structure with two 1 mm thick steel panels with the mass
per unit area m′′= 7.8 kg/m2. Damping of the panels and of the cavity
spring was assumed to be small with η = 0.01. For an air cavity of 3 mm
the MAM-resonance appears at 555 Hz. This air cavity is chosen initially
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here in order that the mass law region can be observed clearly below the
MAM-resonance.
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Figure 3.2: Transfer impedance of the double panel partition.
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3.1.1 Fluid loads

The analysis of the sound transmission loss of a double panel partition has
to take the fluid loadings on both sides of the partition into account [2]. As
far as typical applications of double panel partitions are concerned, the
double panel partition is surrounded by air. If a plane wave impinges on
the incident panel, it induces vibrations of the incident panel, reflected wa-
ves, and transmission through the structure, as shown in Figure 3.3.

y

R e f l e c t e d

I n c i d e n t

T r a n s m i t t e d

Figure 3.3: Normal incidence sound transmission through a double panel
partition.

Thus, for a plane wave incident upon the partition the incident pressure
field for normal incidence is written as

p0 = Âei(ωt−k0y) (3.5)

where for the speed of sound in air c0 the wavenumber k0 =
ω

c0
.
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The sound pressure reflected from the partition is written as

pr = B̂ei(ωt+k0y). (3.6)

Â and B̂ are the complex pressure amplitudes of the plane waves. The total
pressure field at the surface of the incident panel at y = 0 is given by the
incident and the reflected pressure.

p1 = p0 + pr = (Â + B̂)eiωt (3.7)

Using the continuity condition of the velocity at the surface of the incident
panel, the displacement of the partition is linked to the pressure fields and
corresponding particle velocities by

v1 = vi + vr =
(Â− B̂)

ρ0c0
eiωt (3.8)

which yields the pressure acting on the incident panel

p1 = p0 + pr = (2Â− ρ0c0v1)eiωt. (3.9)

Furthermore, the pressure load at the radiating panel is given by

p2 = −(ρ0c0v2)eiωt. (3.10)

Therefore, when taking into account the reflection at the source panel and
the fluid load at the radiating panel, the mass matrix and the force vector
of the mass-spring model above (Equation 3.4) are modified as follows

M =

[
m′′

1 − i ρ0c0
ω 0

0 m′′
2 − i ρ0c0

ω

]
, f =

[
2p0

0

]
. (3.11)

Using the same parameters as for the previous calculation of the transfer
impedance of the double panel structure (Figure 3.2), the comparison of
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the transfer impedance with and without fluid loads is shown in Figu-
re 3.4.
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Figure 3.4: Transfer impedance of the double panel partition with and wi-
thout fluid loads. (- -) without fluid load; (—) with fluid load

At both sides the fluid loads are acting with the specific acoustic impe-
dance of air ρ0c0 against the motion of the panels. In comparison with the
mass-spring model (Figure 3.1) without fluid loads, the introduction of
the fluid loads leads to a reduced velocity v2 of the radiating panel. This
reduced motion means also an increased transfer impedance. This effect
is shown in Figure 3.4. Due to the applied dB scale only the significant
reduction at the MAM-resonance is evident. The reduction at the MAM-
resonance is significantly high, since a double panel partition has very low
impedance at this structural resonance.

31



3.1.2 Sound reduction index

The sound transmission coefficient τ describes the ratio of the transmitted
sound power Prad to the incident sound power Pi.

τ =
Prad
Pi

(3.12)

The sound transmission loss of partitions is defined by the sound reducti-
on index R

R = 10 log10
1
τ

(3.13)

or
R = 10 log10

Pi

Prad
. (3.14)

For normal sound incidence of a plane sound wave with pressure ampli-
tude p0 the incident sound power per unit area is given by

Pi =
|p0|2
2ρ0c0

. (3.15)

If the velocity of the radiating panel is determined by the mass-spring mo-
del, the radiated power of the structure per unit area is expressed using
the complex velocity v2 as

Prad =
1
2

σρ0c0 |v2|2 (3.16)

where a unit radiation efficiency σ can be assumed due to the assumption
of plane waves. Hence the sound reduction index is given by

R = 10 log10

(∣∣∣∣
p0

ρ0c0v2

∣∣∣∣
2
)

= 10 log10

(∣∣∣∣
Z12

2ρ0c0

∣∣∣∣
2
)

(3.17)

where Z12 =
F1

v2
=

2p0

v2
is the transfer impedance.

The sound transmission characteristic for the previous host double pa-
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nel partition with 1 mm steel panels and 3 mm air cavity is presented in
Figure 3.5. As stated in section 3.1.1, the sound transmission loss is calcu-
lated throughout this study for a double panel structure with surrounding
air fluid loads. The result of the mass-spring model is compared with the
mass law of a single panel with the total mass of the host structure.

For the double panel partition the mass law for normal sound incidence is
written for the frequency f as [33]

R ' 20 log10((m′′
1 + m′′

2 ) f )− 42. (3.18)
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Figure 3.5: Sound reduction index of the double panel partition calculated
by the mass-spring model. (- -) mass law; (—) mass-spring model
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3.2 One-sided vibration absorber

Considering the classical mass-spring attachment of vibration absorbers
to panels, in the case of a double panel partition the internal vibration
absorbers can be attached to either of the two panels or to both panels.
Therefore, in the latter assembly two one-sided vibration absorbers can be
attached to either panels of the double panel partition as shown in Figu-
re 3.6. The absorber masses are denoted by m

′′
r1 and m

′′
r2 and the complex

absorber stiffnesses by s
′′
1 and s

′′
2.

m ' ' 1
F 1

v 1

m ' ' 2

v 2

m ' ' r 2

v r 2

m ' ' r 1

v r 1

s ' ' 2

s ' ' 1

s ' ' c

Figure 3.6: Mass-spring model of a double panel partition with two one-
sided vibration absorbers.

This configuration of a double panel partition with internal vibration ab-
sorbers can again be described by the previous matrix formulation.

1
iω

(
−ω2M + K

)
v = f (3.19)

Taking the internal vibration absorbers into account, the mass matrix and
stiffness matrix are written as

M =




m′′
1 − i ρ0c0

ω 0 0 0
0 m′′

r1 0 0
0 0 m′′

r2 0
0 0 0 m′′

2 − i ρ0c0
ω




, K =




s′′c + s′′1 −s′′1 0 −s′′c
−s′′1 s′′1 0 0

0 0 s′′2 −s′′2
−s′′c 0 −s′′2 s′′c + s′′2




,
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and the velocity vector v and force vector f are

v =




v1

vr1

vr2

v2




, f =




2p0

0
0
0




.

The corresponding transfer impedance for the double panel partition with
1 mm steel panels when the internal vibration absorbers have equal ab-
sorbers masses of 0.5 kg/m2 is shown in Figure 3.7. The resonances of the
internal vibration absorbers were set to 200 Hz and 300 Hz. The vibration
absorbers were lightly damped as was the host structure, with η=0.01.
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Figure 3.7: Transfer impedance of the double panel partition with two one-
sided vibration absorbers.
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The transfer impedance reveals the expected characteristic of a vibration
absorber with a peak at the resonance frequency of the blocked mass-
spring system followed by a dip. In fact, since the internal vibration ab-
sorbers were not tuned to a resonance of the host structure, the obtained
transfer impedance presents the typical characteristic of a vibration neu-
tralizer which is designed for a specific troublesome frequency, see secti-
on 2.4.
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Figure 3.8: Sound reduction index of the double panel partition with two
attached one-sided vibration absorbers, calculated by the mass-
spring model. (· · ·) mass law; (- -) mass-spring model without ab-

sorbers; (—) mass-spring model with absorbers

Using a vibration neutralizer increases the sound reduction index of a
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structure at a specific frequency in order to enhance the structure for sup-
pressing a specific sound source with a troublesome frequency that corre-
sponds with the frequency of the neutralizer resonance. The peak of the
increased sound transmission loss is accompanied by a deterioration of
the sound transmission loss. However, the deterioration can be controlled
to appear at a frequency where the sound source is not harmful. Therefore,
no high sound reduction characteristic of the structure is required.

For the two internal vibration absorbers with the resonance frequencies at
200 Hz and 300 Hz Figure 3.8 shows the corresponding sound reduction
index calculated according to the formulations of section 3.1.2.

3.3 Two-sided vibration absorber

The mass-spring formulations above can be used for the study of internal
two-sided vibration absorbers. Regarding the idea of embedded masses,
the configuration of a two-sided vibration absorber consists of an absor-
ber mass that is attached to both panels of the double panel partition by
two springs. Hence, the two panels are dynamically coupled by the cavity
spring and the two-sided vibration absorber. This is shown in Figure 3.9
where the absorber mass is denoted by m

′′
r and the complex absorber stiff-

nesses by s
′′
1 and s

′′
2.

m ' ' 1
F 1

v 1

m ' ' 2

v 2

m ' ' r

v r

s ' ' 1 s ' ' 2

s ' ' c

Figure 3.9: Mass-spring model of a double panel partition with two-sided
vibration absorber.
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Applying the previous mass-spring analysis

1
iω

(
−ω2M + K

)
v = f (3.20)

the mass matrix and stiffness matrix for this configuration are as follows

M =




m′′
1 − i ρ0c0

ω 0 0
0 m′′

r 0
0 0 m′′

2 − i ρ0c0
ω


 , K =




s′′c + s′′1 −s′′1 −s′′c
−s′′1 s′′1 + s′′2 −s′′2
−s′′c −s′′2 s′′2 + s′′c


 ,

and the vectors are given by

v =




v1

vr

v2


 , f =




2p0

0
0


 .
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Figure 3.10: Transfer impedance of the double panel partition with two-
sided vibration absorber.

Figure 3.10 shows the transfer impedance for the previously calculated
double panel partition with 1 mm steel panels with a mass per unit area
m′′= 7.8 kg/m2 (Figure 3.2) and attached lightly damped two-sided vi-
bration absorber (η=0.01). The vibration absorber has an absorber mass of
1 kg/m2 and is tuned to give the absorber resonance at 300 Hz. The cor-
responding sound transmission characteristic is presented in Figure 3.11.
In conclusion, the implementation of internal vibration absorbers as one-
sided or two-sided absorber systems can achieve a considerable reduction
of the sound transmission at specific frequencies although with the penal-
ty of an increase at other frequencies.
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Figure 3.11: Sound reduction index of the double panel partition with two-
sided vibration absorber, calculated by the mass-spring mo-
del. (· · ·) mass law; (- -) mass-spring model without absorbers;

(—) mass-spring model with absorbers
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Chapter 4

Beam model

This project applies the concept of internal vibration absorbers to finite
double panel partitions with special interest in the number and location
of the vibration absorbers. At low frequencies it is assumed that the in-
ternal vibration absorbers are affected by the modal behaviour of the two
panels. However, the simple mass-spring model of the previous chapter
considered the panels as lumped masses without flexural characteristics.
Therefore, for the analysis of the transverse displacement of the double pa-
nel partitions with internal vibration absorbers, a one dimensional beam
model has been derived. Based on the modal expansion method [32], the
beam model is entirely modal considering the contribution of each mode
over the frequency band of interest. By this means, the effect of internal
vibration absorbers on the structure can be determined for different loca-
tions and numbers.

All the partitions in this study are finite and rectangular, baffled by an
infinite and rigid baffle. The panels are modelled with simply supported
boundaries using the Kirchhoff plate theory. For the purpose of this pro-
ject, it was sufficient to confine the considerations to the motion of the
panels in flexure only.

The beam model follows Cremer’s model of floating floors [69, 70]. This
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model consists of two elastic panels with a resilient layer in between. The
panels are represented by uniform simply supported beams in bending
connected by a layer of distributed uncoupled springs. The motion of the
incident panel is transferred to the second panel through the mechanical
springs. This fundamental assumption of the beam model is valid well
below the first transverse acoustic resonance of the cavity [71].

4.1 Host double panel partition

The host double panel partition of this project is modelled by the beam
model using two simply supported beams of length l and infinite width.
The beam model for the double panel partition is shown in Figure 4.1 for
an incident pressure load p1.

p 1m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c

x

Figure 4.1: Beam model of a double panel partition.

As for the mass-spring model, first, formulations for this beam model were
derived assuming a continuous cavity spring. Furthermore, formulations
were derived for the cavity being represented by discrete springs. These
discrete springs are considered to be equally distributed along the length
of the beams.
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4.1.1 Continuous cavity spring

For an isotropic thin plate, the equation of motion according to Kirchhoff’s
plate theory is given for the transverse displacement w(x, y, t) by

D∇4w(x, y, t) + ρh
∂2w(x, y, t)

∂t2 = p1(x, y, t) (4.1)

with uniform thickness h, and density ρ. The complex plate bending stiff-
ness D accounting for the structural damping ηp is given by

D =
Eh3

12(1− ν2)
(1 + iηp) (4.2)

where ν is the Poisson’s ratio and E is the Young’s modulus.

For the beam model the Kirchhoff formulation is modified for a uniform
thin elastic beam as follows

D∇4w(x, t) + ρh
∂2w(x, t)

∂t2 = p1(x, t). (4.3)

Considering harmonic motion with time dependence eiωt, the transverse
displacement of a beam can be written as

w(x, t) = ŵeiωt. (4.4)

Substituting this formulation into Equation 4.3 and omitting the time de-
pendence eiwt the equation of motion for a uniform thin elastic beam is
given by

D∇4w(x)−ω2m′′w(x) = p1(x) (4.5)

where m′′ is the mass per unit area and w(x) is the transverse displace-
ment along the beam.

For a constant incident pressure p̂1 along the beam p1(x) = p̂1. Applying
the bending wave formulation of Equation 4.5 to the beam model descrip-
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tion of the double panel partition shown in Figure 4.1, the equations of
motion of the host double panel partition can be written as

D1∇4w1(x)−ω2m′′
1 w1(x) + s′′c (w1(x)− w2(x)) = p̂1

D2∇4w2(x)−ω2m′′
2 w2(x) + s′′c (w2(x)− w1(x)) = 0

(4.6)

where s′′c is the complex spring stiffness of the continuous resilient cavity
layer. The mass per unit area m′′ and the transverse displacement w(x) of
the two beams are represented by the subscripts (1) and (2).

The modal expansion method describes an alternative formulation for the
transverse displacement. The contribution of each mode is taken into ac-
count over the entire frequency band considered. By the modal expansion
method the forced response w(x, t) of a beam is given by the product of
the modal amplitudes and eigenvectors, which satisfy the boundary con-
ditions.

w(x, t) =
∞

∑
n=1

qn(t)Φn(x) (4.7)

The generalized coordinates qn are frequently known as modal amplitudes
and the eigenvectors Φn(x) are also called mode shape functions. The mo-
de shape functions of vibration for a simply supported beam are known
to be [72]

Φn(x) = sin
nπ

l
x. (4.8)

Therefore, for a constant incident pressure load the response of the host
double panel partition (Equation 4.6) is derived in the form of the followi-
ng equations, which include for each individual beam the complete infini-
te set of sinusoidal modes. These modes are not necessarily representing
the modes of the coupled double panel system but are a convenient set of
basis functions that satisfy the boundary conditions.
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D1∇4
∞

∑
n=1

q1,nΦ1,n(x)−ω2m′′
1

∞

∑
n=1

q1,nΦ1,n(x)

+s′′c

(
∞

∑
n=1

q1,nΦ1,n(x)−
∞

∑
n=1

q2,nΦ2,n(x)

)
= p̂1

D2∇4
∞

∑
n=1

q2,nΦ2,n(x)−ω2m′′
2

∞

∑
n=1

q2,nΦ2,n(x)

+s′′c

(
∞

∑
n=1

q2,nΦ2,n(x)−
∞

∑
n=1

q1,nΦ1,n(x)

)
= 0 (4.9)

For the double panel partitions of this project, it is assumed that both be-
ams have identical length and boundary conditions. Thus, for the analysis
only the mode shape function Φn was required.

Φ1,n = Φ2,n = Φn (4.10)

After substitution of the mode shape function for a simply supported be-

am (Equation 4.8) the partial differentiation ∇4 =
∂4

∂x4 leads to

D1

∞

∑
n=1

k4
nq1,nΦn(x)−ω2m′′

1

∞

∑
n=1

q1,nΦn(x)

+s′′c

(
∞

∑
n=1

q1,nΦn(x)−
∞

∑
n=1

q2,nΦn(x)

)
= p̂1

D2

∞

∑
n=1

k4
nq2,nΦn(x)−ω2m′′

2

∞

∑
n=1

q2,nΦn(x)

+s′′c

(
∞

∑
n=1

q2,nΦn(x)−
∞

∑
n=1

q1,nΦn(x)

)
= 0 (4.11)

with the modal wavenumber kn =
nπ

l
.

In order to describe these equations of motion by the matrix formulation
that was already used for the mass-spring model, Equation 4.11 is multi-
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plied with the modal shape function for the m-th mode

Φm(x) = sin
mπ

l
x (4.12)

and integrated over the length l.

l∫

0

D1

∞

∑
n=1

k4
nq1,nΦn(x)Φm(x) dx−

l∫

0

ω2m′′
1

∞

∑
n=1

q1,nΦn(x)Φm(x) dx

+s′′c




l∫

0

∞

∑
n=1

q1,nΦn(x)Φm(x) dx−
l∫

0

∞

∑
n=1

q2,nΦn(x)Φm(x) dx


 =

l∫

0

p̂1Φm(x) dx

l∫

0

D2

∞

∑
n=1

k4
nq2,nΦn(x)Φm(x) dx−

l∫

0

ω2m′′
2

∞

∑
n=1

q2,nΦn(x)Φm(x) dx

+s′′c




l∫

0

∞

∑
n=1

q2,nΦn(x)Φm(x) dx−
l∫

0

∞

∑
n=1

q1,nΦn(x)Φm(x) dx


 = 0

(4.13)

Using the orthogonality relationship

l∫

0

Φn(x)Φm(x) dx =

{
0 n 6= m
l
2 n = m

(4.14)

the equations of motion of the host double panel partition (Equation 4.13)
can be written as

D1k4
n

l
2

q1,n −ω2m′′
1

l
2

q1,n + s′′c
l
2

(q1,n − q2,n) =
p̂1l
nπ

(1− cos nπ)

D2k4
n

l
2

q2,n −ω2m′′
2

l
2

q2,n + s′′c
l
2

(q2,n − q1,n) = 0. (4.15)

If generalized coordinates are used, the vibrational motion of a beam due
to the n-th mode is illustrated in Figure 4.2 below.
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M n

K n

Q n ( t )

Figure 4.2: Motion of individual beam by generalized coordinates.

This modal mass-spring system for the n-th mode of an individual beam
is described by

−ω2Mnqn + Knqn = Qn. (4.16)

Therefore, the previous simplification of Equation 4.13 revealed the modal
mass Mn and the modal stiffness Kn.

Mn = m′′ l
2

Kn = Dk4
n

l
2

(4.17)

Based on Equation 4.15, for the n-th mode the beam model of the double
panel partition with continuous cavity spring is described by the intended
matrix formulation as

(
−ω2Mn + Kn

)
qn = Qn (4.18)

where the mass matrix Mn and the stiffness matrix Kn are given by

Mn =
l
2

[
m′′

1 0
0 m′′

2

]
, Kn =

l
2

[
D1k4

n + s′′c −s′′c
−s′′c D2k4

n + s′′c

]
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and the generalized amplitude vector qn and force vector Qn are

qn =

[
q1,n

q2,n

]
, Qn =




p̂1l
nπ

(1− cos nπ)

0


 .

Since the generalized force Qn was obtained as

Qn =
p̂1l
nπ

(1− cos nπ), (4.19)

it can be considered separately for even and odd modes.

Qn =

{
2p̂1l
nπ n = odd
0 n = even

(4.20)

Thus, for the constant pressure load p̂1 along the beam only the odd mo-
des contribute to the motion of the structure.

If generalized amplitudes are determined for a mode n by solving Equati-
on 4.18, the motion of the panels of the double panel host structure can be
determined by Equation 4.7. Dependent on the dimensions of the structure
and the frequency range of interest the summation in Equation 4.7 needs
to be performed for a certain number of modes N. An estimation for this
number of modes contributing to the motion of the structure for a frequen-
cy range defined by a maximum frequency ωmax is obtained by [72]

N =
kbl
π

(4.21)

where the maximum bending wave number of a beam is given by

kb =
4

√
ω2

maxm′′

D
.

As a matter of fact, the higher the number of modes used for the calculati-
on, the more accurate is the result for higher frequencies. For the host dou-
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ble panel partition (see page 62) used throughout the project with 1 m long
steel panels that have a mass per unit are of 7.8 kg/m2 Equation 4.21 yields
the number of 20 modes if frequencies up to 1000 Hz are under investigati-
on. The frequency range up to 1000 Hz was during this project frequently
used for calculations. On the other hand, the following results presented
for this frequency range are calculated in general with more than 100 mo-
des.
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4.1.2 Fluid loads

The representation of the double panel partition by the one-dimensional
beam model extends the previous mass-spring model by the flexible be-
haviour of the host structure. But the flexible response depends on the in-
cident sound field. Therefore, the one-dimensional beam model accounts
for a plane wave pressure load at normal and oblique incidence.

For a normally incident plane wave pressure load p0 the incident pres-
sure is constant along the beam having the amplitude p̂0, p0(x) = p̂0. In
this case, assuming the radiation efficiency σ = 1, for normal sound inci-
dence the fluid loading on both sides of the partition is taken into account
by the specific acoustic impedance at the surface of the panels as shown
for the mass-spring model (Equation 3.11). Accounting for the fluid loads,
for the n-th mode the mass matrix Mn and the generalized force vector Qn

in Equation 4.18 are written as

Mn =
l
2

[
m′′

1 − i ρ0c0
ω 0

0 m′′
2 − i ρ0c0

ω

]
Qn =




2p̂0l
nπ

(1− cos nπ)

0


 .

(4.22)

The oblique sound incidence of a plane wave on a beam structure is shown
in Figure 4.3. The incident and reflected pressure fields for oblique inci-
dence are given by

pi = Âei(ωt−kxx−kyy)

pr = B̂ei(ωt−kxx+kyy). (4.23)

Therefore, the total incident pressure field at the surface of the incident
panel at y = 0 is described as follows

p1 = pi + pr = (Â + B̂)ei(ωt−kxx). (4.24)
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Figure 4.3: Sound field impinging on a beam at angle θ.

At y = 0 the velocity component normal to the partition can be written as

v1 = vi + vr =
(Â− B̂) cos θ

ρ0c0
ei(ωt−kxx). (4.25)

For oblique sound incidence the pressure loads on either side of the double
panel partition are as follows

p1 = (2Âe−ikxx − ρ0c0

cos θ
v1)eiωt

p2 = −
(ρ0c0v2

cos θ

)
eiωt. (4.26)

By this means, based on Equation 4.6, the double panel partition is descri-
bed for oblique sound incidence as

D1∇4w1(x)−ω2(m′′
1 − i ρ0c0

ω cos θ )w1(x) + s′′c (w1(x)− w2(x)) = 2p̂0e−ikxx

D2∇4w2(x)−ω2(m′′
2 − i ρ0c0

ω cos θ )w2(x) + s′′c (w2(x)− w1(x)) = 0
(4.27)

where p̂0 is the complex pressure amplitude of the incident plane wave
and kx = k0 sin θ the so-called trace wave number. Applying the modal
expansion approach on the pressure element in Equation 4.27 leads to the
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modal incident pressure as follows

Qn = 2
l∫

0

p̂0e(−ikxx)Φn(x) dx. (4.28)

Using the integral solution

∫
eax sin bx dx =

eax

a2 + b2 (a sin bx− b cos bx) (4.29)

substitution of Φn = sin(nπ
l x) and kx = k0 sin θ yields

l∫

0

e(−ikxx)Φn(x) dx =
l

nπ

(
1−

(
kx
kn

)2
)

(
1− (−1)ne(−ikx l)

)
. (4.30)

Therefore, the modal incident pressure Qn is written as

Qn = 2p̂0
l

nπ

(
1−

(
kx
kn

)2
)

(
1− (−1)ne(−ikx l)

)
. (4.31)

which is valid for kx 6= kn. In fact, for normal sound incidence Equati-
on 4.31 yields the known formulation

Qn =
2p̂0l
nπ

(1− cos nπ). (4.32)

The critical condition kx = kn is only an issue for oblique sound incidence
but for each individual mode at a different angle of incidence. In fact, in
this study this critical condition was not observed for the calculations of
the sound transmission loss at diffuse sound incidence using the beam
model. The considered diffuse sound field was only described by angles
of incidence with integer numbers and a spacing of one degree. Therefore,
the very specific mode angle combination of the critical condition could
hardly match with the considered angles of incidence.
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For the double panel partition with continuous cavity spring and plane
wave pressure load at oblique incidence the fluid loads at both sides of
the partition are taken into account by the specific acoustic impedance of
the fluids. For this reason, the mass matrix of Equation 4.18 is modified as
follows

Mn =
l
2

[
m′′

1 − i ρ0c0
ω cos θ 0

0 m′′
2 − i ρ0c0

ω cos θ

]
. (4.33)

Further, the force vector Qn is given by

Qn =

[
Qn

0

]
. (4.34)

with the modal pressure force Qn above (Equation 4.31).

4.1.3 Discrete cavity springs

If the resilient cavity layer is described by discrete springs, these springs
have to be considered at discrete positions of the host structure. Therefo-
re, a formulation of single point forces acting at discrete positions on the
structure was required.

p 1m ' ' 1 , w 1

m ' ' 2 , w 2

s ' c

x

F 1 , s

F 2 , s

x s

Figure 4.4: Beam model of a double panel partition with discrete cavity
springs.
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In general, a single harmonic point force at position xs is described by

F(xs, t) = F̂eiωtδ(x− xs). (4.35)

If a spring is connecting the two simply supported beams of the beam mo-
del at position xs, see Figure 4.4, the coupling forces acting on the beams
are

F1,s = Fs = −F2,s. (4.36)

The previous assumption that both beams have the same modal shape
function

Φ1,n = Φ2,n = Φn (4.37)

leads to the corresponding coupling generalized forces of the n-th mode.

Qn1,s = Qns = −Qn2,s (4.38)

Applying the previous approach of multiplying with Φm (Equation 4.12)
and integrating over the length l to Equation 4.35, the generalized force
Qns corresponding to the point force F(xs, t) is obtained as

Qns(t) =
l∫

0

F(xs, t)Φm(x) dx = F̂eiωtΦm(xs). (4.39)

Thus, the generalized coupling force acting on the beams is given by

Qns(t) = s′c(w1(xs)− w2(xs))eiωtΦm(xs). (4.40)

Using the modal expansion method for N modes with the transverse dis-

placement w(x, t) =
N
∑

n=1
qn(t)Φn(x) yields

Qns(t) = s′c

(
N

∑
n=1

q1,n(t)Φn(xs)−
N

∑
n=1

q2,n(t)Φn(xs)

)
Φm(xs). (4.41)
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This equation can be simplified to

Qns(t) = s′c

(
N

∑
n=1

Φm(xs)Φn(xs)(q1,n(t)− q2,n(t))

)
. (4.42)

Supposing that J springs are distributed along the beams, the generalized
force Qn comprises the contributions of the forces applied due to the J
discrete springs. According to Equation 4.39, the generalized force due to
a number of J springs is obtained by

Qn(t) =
J

∑
j=1

F̂jeiωtΦm(xj) (4.43)

which yields for the generalized coupling force

Qns(t) = s′c
J

∑
j=1

(
N

∑
n=1

Φm(xj)Φn(xj)(q1,n(t)− q2,n(t))

)
. (4.44)

If the time dependence eiωt is omitted, the equations of motion for the
double panel partition with discrete cavity springs can be based on Equa-
tion 4.15. Therefore, by substitution of the cavity spring term Qns the equa-
tions of motion can be written as

D1k4
n

l
2

q1,n −ω2m′′
1

l
2

q1,n + s′c
J

∑
j=1

(
N

∑
n=1

Φm(xj)Φn(xj)(q1,n(t)− q2,n(t))

)
=Qn

D2k4
n

l
2

q2,n −ω2m′′
2

l
2

q2,n + s′c
J

∑
j=1

(
N

∑
n=1

Φm(xj)Φn(xj)(q2,n(t)− q1,n(t))

)
= 0.

(4.45)

where Qn = p̂1l
nπ (1− cos nπ), see Equation 4.19.

Using the matrix formulation of Equation 4.18 and regarding the fluid
loads (section 4.1.2), the host double panel partition with J discrete cavity
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springs is described for all angles of sound incidence by

(
−ω2M + K

)
q = Q (4.46)

with the mass matrix M =

[
M1 − i ρ0c0l

2ω cos θ 0
0 M2 − i ρ0c0l

2ω cos θ

]

where the N × N diagonal matrix Mi =
l
2




m′′
i,1 0

m′′
i,n

0 . . .


 ,

with the stiffness matrix K =

[
K1 + s′cΦΦT −s′cΦΦT

−s′cΦΦT K2 + s′cΦΦT

]

where the N × N diagonal matrix Ki =
l
2




Dik4
1 0

Dik4
n

0 . . .


,

and with the N × J mode shape matrix Φ =




Φ11 Φ12 Φ1j

Φ21 Φ22 · · ·
Φn1

... . . .


.

The vectors q =

(
q1

q2

)
, Q =

(
Qn

0

)
include the N length vectors for the

generalized amplitudes q1, q2 and for the generalized pressure force Qn.

For the n-th mode the modal pressure force Qn is given by

Qn = 2p̂0
l

nπ

(
1−

(
kx
kn

)2
)

(
1− (−1)ne(−ikx l)

)
,

see Equation 4.31.
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4.1.4 Sound reduction index

For the beam model, the velocity v2 of the radiating panel differs along the
length of the beam. Particularly at low frequencies the radiation is control-
led by the characteristic of the panel modes.

The incident sound power per unit width of a plane wave for an arbitrary
angle of incidence is given by the component of incident intensity normal
to the partition as

Ii(θ) =
1

2ρ0c0
|p0|2 cos θ. (4.47)

For the beam model with the structure represented by beams of length l,
this leads to the incident sound power

Pi(θ) =
|p0|2l
2ρ0c0

cos θ. (4.48)

For the flexible double panel structure of this project the radiated sound
power is defined by the transverse velocity as

Prad =
σρ0c0

2

l∫

0

|v2(x)|2 dx (4.49)

where σ is the radiation efficiency.

Substitution of the transverse velocity by the generalized coordinate q2

of the beam model yields for the incident angle θ

Prad(θ) =
σρ0c0

2

l∫

0

|ω
N

∑
n=1

q2,n(θ)Φn(x)|2 dx. (4.50)

Solving the integral by the orthogonality condition (Equation 4.14) yields

Prad(θ) =
ρ0c0ω2l

4

N

∑
n=1

|q2,n(θ)|2σn (4.51)
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Since the main interest of this study was given to low frequencies, the pre-
sented analytical solution ignored the cross-modal contributions.

The formulations of the modal radiation efficiencies σn of a beam in fle-
xure were published by Wallace [73].

x

x

y

j

Figure 4.5: Sound radiation of a beam for radiation angles ξ and ϕ.

For a beam with length l the modal radiation efficiencies are given by

n = odd

σn =
32k2

0l
n2π4

π/2∫

0

π/2∫

0


cos

(
α
2

)
sin

(
β
2

)
(

1− (
α

nπ

)2
)

β




2

sin ξdξdϕ (4.52)

n = even

σn =
32k2

0l
n2π4

π/2∫

0

π/2∫

0


sin

(
α
2

)
sin

(
β
2

)
(

1− (
α

nπ

)2
)

β




2

sin ξdξdϕ (4.53)

where
α = k0l sin ξ cos ϕ

β = k0sinξ sin ϕ.
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The sound reduction index is based on the sound transmission coefficient
which is defined by ratio of the incident sound power to the radiated
sound power, see subsection 3.1.2. Hence, the sound transmission coef-
ficient for normal sound incidence is given by

τ =
ρ2

0c2
0ω2

2|p2
0|

N

∑
n=1

|q2,n|2σn. (4.54)

Accordingly, the sound transmission coefficient for oblique sound inci-
dence with the incidence angle θ can be written as

τ(θ) =
ρ2

0c2
0ω2

2|p2
0|cosθ

N

∑
n=1

|q2,n(θ)|2σn. (4.55)

Having derived the formulation for oblique sound incidence, the sound
reduction index for an ideal diffuse incident sound field can be calculated
by the diffuse sound transmission coefficient which is defined for a beam
structure using the Paris formula [9] as follows

τdi f f =

π/2∫
0

τ(θ) sin θ cos θ dθ

π/2∫
0

sin θ cos θ dθ

= 2
π/2∫

0

τ(θ) cos θ sin θ dθ. (4.56)

For a double panel structure with length l = 10 m and continuous cavity
spring Figure 4.6 shows the sound reduction index for normal sound in-
cidence calculated by the beam model for N = 1000 modes. The double
panel structure consists of two 1 mm steel panels with a mass per unit area
of 7.8 kg/m2. The air cavity is now and throughout the following study
set to a more practical value of 20 mm. For this 20 mm air cavity the MAM-
resonance appears at 215 Hz. Damping in the structure was assumed to be
small. For the panels ηp = 0.01 and for the air cavity η = 0.01 were used
as damping factors.
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Figure 4.6: Sound reduction index of the host double panel partition with
l = 10 m using the beam model for normal sound incidence.
(- -) mass law; (—) beam model

Below the MAM-resonance the stiffness of the cavity spring causes the
two panels to move as a single partition. Therefore, the sound reduction
index follows the mass law with the total mass of the two panels. Howe-
ver, this is not true for small structures. At low frequencies short structures
radiate less efficiently and have higher sound reduction. This is shown in
Figure 4.7 using again 1000 modes for the beam model calculation. If the
length is reduced to l = 1 m, the sound reduction index of the double
panel structure with two 1 mm steel panels reveals a different behaviour
from the ”mass law” below the MAM-resonance.
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Figure 4.7: Sound reduction index of the host double panel partition with
l = 1 m using the beam model. (- -) normal sound incidence;

(—) diffuse sound incidence

Figure 4.7 shows a comparison of the sound reduction index for normal
and diffuse sound incidence calculated by the beam model for the pre-
vious double panel structure with length l = 1 m and continuous cavity
spring. It can be seen that with increasing frequency the sound reduction
for diffuse field sound incidence is significantly lower than the sound re-
duction for normal sound incidence [18].

At the resonance frequencies of higher order modes, the sound reduction
index is reduced below the dominating characteristic of the first funda-
mental mode which occurs at 2.5 Hz. Above 12000 Hz the critical frequen-
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cy of the steel panels is evident. The obtained result for the diffuse sound
reduction index presented in Figure 4.7 was considered as sufficient since
it shows the main characteristic of the diffuse sound reduction.

In the following this project discusses the effect of internal vibration ab-
sorbers in relation to normal and diffuse field sound incidence using the
beam model. The host partition was represented by the double panel struc-
ture with two 1 mm steel panels. Since the calculation of short structures
requires considerably less modes, the presented results were calculated for
the described host double panel partition with length l = 1 m.

Host double panel partition

Incident steel panel m′′
1 : 7.8 kg/m2

Radiating steel panel m′′
2 : 7.8 kg/m2

Length l : 1 m
Structural damping ηp : 0.01
Air cavity : 20 mm
MAM-resonance : 215 Hz
Fundamental panel mode : 2.5 Hz
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4.2 One-sided vibration absorber

As for the previous mass-spring model, the beam model considers the in-
ternal vibration absorbers as classical mass-spring systems attached to the
two beams. For the arrangement with one-sided vibration absorbers (secti-
on 3.2), the vibration absorbers are attached to the beams at individual po-
sitions. These positions can be chosen to be identical or different for both
beams. For an incoming plane wave pressure load p0 Figure 4.8 shows the
host double panel partition with discrete one-sided vibration absorbers
attached to the beams at opposite positions.

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c
F 1 , s

F 2 , sx

Figure 4.8: Double panel partition with continuous cavity spring and dis-
crete one-sided vibration absorbers.

This project is aimed to apply the concept of internal vibration absorbers
with least possible mass increase. Therefore, the following investigations
analyse the efficiency of one-sided vibration absorbers by taking the num-
ber and positions of the internal absorber systems into account. With the
beam model approach investigations on various distributions of attached
vibration absorbers were intended. Nevertheless, in this section, vibration
absorbers were first considered as a continuous system. In this case, the
results obtained by the mass-spring model and the beam model should
be identical. In the second step, the vibration absorbers were attached as
discrete systems. The discrete absorbers were assumed to act in parallel to
a continuous cavity spring.
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4.2.1 Continuous vibration absorber

If the internal vibration absorbers are considered as a continuous system
attached to either of the beams, for each beam the vibration absorber has
constant properties.

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c m ' ' r 2

s ' ' 1

s ' ' 2

P 1

P 2x

m ' ' r 1w r 1w r 2

Figure 4.9: Beam model of a double panel partition with continuous cavity
spring and continuous one-sided vibration absorber at incident
plane wave pressure p0.

With respect to the properties of the vibration absorber the angular reso-
nance frequencies ω2

r1 = s′′1
m′′

r1
and ω2

r2 = s′′2
m′′

r2
are introduced.

The continuous one-sided vibration absorbers are implemented into the
beam model by the additional pressure forces

P1(x) = s′′1 (w1(x)− wr1(x)) = ω2
r1m′′

r1(w1(x)− wr1(x))
P2(x) = s′′2 (w2(x)− wr2(x)) = ω2

r2m′′
r2(w2(x)− wr2(x)).

(4.57)

The absorber masses are moving with the transverse displacements wr1

and wr2. Since an absorber mass is acting on the structure with the pressure
force

Pr = −ω2m′′
r wr (4.58)
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the pressure forces of Equation 4.57 can be written by the angular reso-
nance frequencies ωr1 and ωr2 as

P1(x) = ω2
r1m′′

r1
1

1− ω2
r1

ω2

P2(x) = ω2
r2m′′

r2
1

1− ω2
r2

ω2

.
(4.59)

These terms can therefore be added to the stiffness matrix.

Using generalized coordinates, the following analysis on the double panel
partition with continuous internal vibration absorber is based on Equati-
on 4.18. The double panel partition with continuous vibration absorber is
described for the n-th mode by

(
−ω2Mn + Kn

)
qn = Qn. (4.60)

In this case, the influence of vibration absorbers on the structure can be
described by the stiffness matrix Kn, which will not affect the mass matrix
Mn, the generalized amplitude vector qn or the force vector Qn. Based on
the matrix formulation of Equation 4.18 Mn, qn and Qn were obtained for
an arbitrary angle of incidence as follows

Mn =
l
2

[
m′′

1 − i ρ0c0
ω cos θ 0

0 m′′
2 − i ρ0c0

ω cos θ

]
, qn =

[
q1,n

q2,n

]
, Qn =

[
Qn

0

]

in which

Qn = 2p̂0
l

nπ

(
1−

(
kx
kn

)2
)

(
1− (−1)ne(−ikx l)

)
.

Accounting for the continuous vibration absorbers attached to either beam
as shown in Figure 4.9, the stiffness matrix Kn in Equation 4.60 is given by
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Kn =




D1k4
n

l
2 + s′′c l

2 + ω2
r1m′′

r1

1−ω2
r1

ω2

−s′′c l
2

−s′′c l
2 D2k4

n
l
2 + s′′c l

2 + ω2
r2m′′

r2

1−ω2
r2

ω2


 .

Attached at both panels of the host double panel partition a continuous in-
ternal one-sided vibration absorber with the resonance frequency at 215 Hz
leads to the sound reduction index as shown in Figure 4.10.
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Figure 4.10: Sound reduction index of the host double panel partition with
continuous one-sided vibration absorbers attached at both pa-
nels calculated by the beam model. (- -) without; (—) with absor-

ber
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The mass of one continuous one-sided vibration absorber per panel was
mr = 0.5 kg/m2. Therefore, the total increase of the construction was 1 kg/m2

as in chapter 3. To the absorber springs a damping factor of η=0.01 was as-
signed.
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Figure 4.11: Sound reduction index of the host double panel partition with
one continuous one-sided vibration absorber attached at one
panel using the beam model. (- -) without; (—) with absorber

For one continuous one-sided vibration absorber with mr = 0.5 kg/m2 the
sound transmission loss is shown in Figure 4.11. It can be seen, that for a
single continuous one-sided vibration absorber a reduced absorber effect
is obtained.
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The same continuous one-sided vibration absorber fastened to either the
incident or the radiating panel leads to an identical sound transmission
loss of the construction.

4.2.2 Continuous cavity spring and discrete vibration ab-

sorbers

The idea of internal vibration absorbers is based on the principle of local
resonances. A number of internal vibration absorbers are locally distribu-
ted within the cavity of the double panel partition. Thus, for a cavity filled
with air or resilient material the additionally attached vibration absorbers
are implemented into a continuous cavity spring at discrete positions. The-
refore, a double panel partition with resilient cavity and locally distributed
vibration absorbers can be described by the combination of the previous
formulations for continuous and discrete cavity springs.

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c m ' r 2

s ' 1

s ' 2

F 1 , s

F 2 , sx

m ' r 1

Figure 4.12: Beam model of a double panel partition with continuous ca-
vity spring and discrete one-sided vibrations absorbers for an
incoming plane wave pressure load.

For this purpose, the attached absorber systems are taken into account
by their additional forces applied to the host structure as shown in Figu-
re 4.12. If the matrix formulation for the classical double panel partition
with continuous cavity spring (Equation 4.18) is extended by the additio-
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nal terms for the discrete vibration absorbers, the double panel partition
with continuous cavity spring and J locally distributed internal vibrati-
on absorbers is described using Equation 4.60 and the stiffness matrix as
follows

K =




K1 + Sc + ω2
r1m′

r1

1−ω2
r1

ω2

ΦΦT −Sc

−Sc K2 + Sc + ω2
r2m′

r2

1−ω2
r2

ω2

ΦΦT


 ,

with the N × N diagonal matrices

Ki =
l
2




Dik4
1 0

Dik4
n

0 . . .


, Sc =

l
2




s′′c 0
s′′c

0 . . .




and with the N × J mode shape matrix Φ =




Φ11 Φ12 Φ1j

Φ21 Φ22 · · ·
Φn1

... . . .


.

The terms for the discrete vibration absorbers are based on the analysis
of Equation 4.46. Using the beam model, the following results present the
sound reduction index of the host structure with attached one-sided vi-
bration absorbers. The absorbers were designed with a constant damping
factor η=0.01. If 9 absorbers with a resonance frequency at 215 Hz and a
total mass of 0.5 kg/m are attached to one panel with an equal distributi-
on, the sound reduction index of the host partition is obtained as shown
in Figure 4.13.
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Figure 4.13: Sound reduction index of the double panel host partition with
9 one-sided vibration absorbers equally attached at one panel
using the beam model for normal sound incidence. (- -) wi-

thout; (—) with absorber

This result is identical for the absorbers attached to the incident or the ra-
diating panel. For the number of 9 one-sided vibration absorbers per unit
length, Figure 4.13 and Figure 4.10 show similar results.

Furthermore, one-sided vibration absorbers may be considered to have
different tuning frequencies. For the resonance frequencies 200 Hz and
225 Hz the sound transmission loss was calculated for three general ar-
rangements. For all three arrangements 18 internal absorbers with a total
mass increase of 1 kg/m were implemented. First, 18 absorbers with the
two different resonance frequencies were equally distributed at both pa-
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nels. For the second and third arrangement at each panel only absorbers
with equal resonance frequency were attached. Accordingly, 9 absorbers
with the resonance frequency of 200 Hz were attached to the incident pa-
nel, 9 absorbers with the resonance frequency of 225 Hz were attached to
the radiating panel and the other way around. All three configurations
revealed the same sound reduction index as shown in Figure 4.14.
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Figure 4.14: Sound reduction index of the host double panel partition with
one-sided vibration absorbers with two resonance frequencies
using the beam model for normal sound incidence. (- -) wi-

thout; (—) with absorber

In conclusion, the implementation of internal vibration absorbers as one-
sided absorber systems appears as a promising solution in order to incre-
ase the sound transmission loss of double panel partitions at low frequen-
cies. Especially the possibility of various absorber distributions provide a
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high degree of flexibility.

However, there are constructional issues to be taken into account when
the double panel partition is assembled at the installation site. In particu-
lar, it seems to be rather difficult to ensure that the absorber systems are
fastened exactly at the calculated positions on the panels. Furthermore, the
intended resonance frequency of the internal vibration absorbers is highly
dependent on a strong long term connection between the absorber spring
and the structure. Therefore, the installation of the one-sided vibration ab-
sorbers is considered as a highly delicate issue and actually unpredictable.

For this reason, in this work the one-sided vibration absorber was not
discussed in more detail. All the installation issues discussed above are
not expected for the following internal two-sided vibration absorbers. The
two-sided vibration absorber describes an innovative solution for multi-
layer constructions without causing additional difficulties in installation.
It can be easily implemented into the resilient cavity layer already at the
factory. Thus, the position and resonance frequency of the internal vibrati-
on absorbers can be assured by an automated production process. By this
means, for example the assembly of a partition at the installation site is not
changed.
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4.3 Two-sided vibration absorber

The double panel partition with two-sided vibration absorbers is charac-
terized by the coupling forces connecting the absorber mass to the beam
structures. Using the previous matrix formulation, the beam model con-
siders these coupling forces by implementation into the stiffness matrix.
Formulations were derived for both continuous and discrete internal two-
sided vibration absorbers using the previous angular frequencies ωr1 and
ωr2, see section 4.2.

4.3.1 Continuous vibration absorber

Figure 4.15 shows the the host double panel partition with continuous ca-
vity spring and continuous two-sided vibration absorbers for an incoming
plane wave pressure load p0.

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c m ' ' r
s ' ' 1

s ' ' 2

P 1

P 2x

w r

Figure 4.15: Beam model of a double panel partition with continuous ca-
vity spring and continuous two-sided vibration absorber.

In the case of two-sided vibration absorbers, the absorber mass is connec-
ted to the beam structures by two springs. For a continuous absorber the
coupling forces P1 and P2 are given by the spring stiffness of the two
springs, the displacement of the beams and the motion of the absorber
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mass wr as follows

P1 = s′′1 (w1(x)− wr(x))
P2 = s′′2 (wr(x)− w2(x)) .

(4.61)

The motion of the absorber mass wr is related to the coupling forces by

P1 − P2 = −ω2m′′
r wr. (4.62)

Thus, solving Equation 4.61 by substituting Equation 4.62 the motion of
the absorber mass can be eliminated and the coupling forces are described
solely by the displacements of the two beams.

P1(x) = R1w1(x)− R2w2(x)
P2(x) = R2w1(x)− R3w2(x).

(4.63)

Using the angular frequencies ωr1 and ωr2, the elimination of wr yields the
three coefficients

R1 =
(ω2

2r
−ω2)m′′

r

1 +
ω2

2r

ω2
1r

− ω2

ω2
1r

R2 =
ω2

2r
m′′

r

1 +
ω2

2r

ω2
1r

− ω2

ω2
1r

R3 =
(ω2

1r
−ω2)m′′

r

1 +
ω2

1r

ω2
2r

− ω2

ω2
2r

. (4.64)

For the n-th mode, the double panel partition with continuous cavity spring
and continuous two-sided vibration absorber is described by the matrix
formulation of Equation 4.60 after substituting the following stiffness ma-
trix.
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Kn =

[
D1k4

n
l
2 + s′′c l

2 + R1 −s′′c l
2 − R2

−s′′c l
2 − R2 D2k4

n
l
2 + s′′c l

2 + R3

]
. (4.65)

The terms for the continuous two-sided vibration absorbers are implemen-
ted into the stiffness matrix.

4.3.2 Continuous cavity spring and discrete vibration ab-

sorbers [74, 75]

The double panel partition with continuous cavity spring and two-sided
vibration absorbers attached at discrete positions is shown in Figure 4.16

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c m ' r
s ' 1

s ' 2

F 1 , s

F 2 , sx

Figure 4.16: Beam model of a double panel partition with continuous ca-
vity spring and discrete two-sided vibration absorbers.

If the vibration absorbers are attached at discrete positions, the locally ac-
ting coupling forces of the beam model are again described by three coef-
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ficients

R1 =
(ω2

2r
−ω2)m′

r

1 +
ω2

2r

ω2
1r

− ω2

ω2
1r

R2 =
ω2

2r
m′

r

1 +
ω2

2r

ω2
1r

− ω2

ω2
1r

R3 =
(ω2

1r
−ω2)m′

r

1 +
ω2

1r

ω2
2r

− ω2

ω2
2r

. (4.66)

The comprehensive analysis on the double panel host structure and va-
rious configurations of internal vibration absorbers above, revealed fun-
damental matrix formulations for the beam model. The analytical integra-
tion of the vibration absorbers was achieved by the corresponding mo-
difications of the stiffness matrix. By this means, based on Equation 4.46
the double panel partition with J discrete two-sided vibration absorbers is
described by (

−ω2M + K
)

q = Q (4.67)

where the stiffness matrix is given by

K =

[
K1 + Sc + R1ΦΦT −Sc − R2ΦΦT

−Sc − R2ΦΦT K2 + Sc + R3ΦΦT

]
,

with the N × N diagonal matrices

Ki =
l
2




Dik4
1 0

Dik4
n

0 . . .


, Sc =

l
2




s′′c 0
s′′c

0 . . .
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and with the N × J mode shape matrix Φ =




Φ11 Φ12 Φ1j

Φ21 Φ22 · · ·
Φn1

... . . .


.

The mass matrix and vectors are known as

M =

[
M1 − i ρ0c0l

2ω cos θ 0
0 M2 − i ρ0c0l

2ω cos θ

]
with Mi =

l
2




m′′
i,1 0

m′′
i,n

0 . . .


 ,

and q =

(
q1

q2

)
, Q =

(
Qn

0

)
which include the vectors of length N for the

generalized amplitudes q1, q2 and the generalized pressure force vector
Qn, see Equation 4.46.

4.3.3 Discrete cavity spring and discrete vibration absor-

bers

Advanced investigations on discrete two-sided internal vibration absor-
bers may concentrate on the total area occupied by the absorbers. Local
resilient layers can be used as absorber springs. Thus, across the panel
area the cavity of the double panel structure is divided into sections for the
cross section of the implemented two-sided vibration absorbers (”Absor-
ber Footprint”) and sections where the two panels are simply connected
by the cavity spring. More understanding of the area used for the internal
vibration absorbers and its influence on the absorber effect is expected by
the analysis of the spatial ratio of the areas with attached discrete vibrati-
on absorbers to the areas with discrete cavity springs. For this purpose the
beam model of Equation 4.67 is extended for the double panel partition
with I discrete cavity springs and J discrete two-sided vibration absorbers
using the stiffness matrix as follows
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K =

[
K1 + s′cΨΨT + R1ΦΦT −s′cΨΨT − R2ΦΦT

−s′cΨΨT − R2ΦΦT K2 + s′cΨΨT + R3ΦΦT

]
,

with the N × N diagonal matrix

Ki =
l
2




Dik4
1 0

Dik4
n

0 . . .


 ,

with the N × I mode shape matrix Ψ =




Φ11 Φ12 Φ1i

Φ21 Φ22 · · ·
Φn1

... . . .


 ,

and with the N × J mode shape matrix Φ =




Φ11 Φ12 Φ1j

Φ21 Φ22 · · ·
Φn1

... . . .


.

Using the formulations of the beam model, results for the sound trans-
mission loss of the double panel host structure with two-sided internal
vibration absorbers are presented in the parameter study in chapter 6.
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Chapter 5

Plate model

In order to investigate the sound transmission characteristic of double pa-
nel partitions with internal vibration absorbers more precisely, the pre-
vious beam model is extended to a two-dimensional plate model. By this
means the number and position of internal vibration absorbers are inves-
tigated on finite double panel constructions in two dimensions.

The model consists of two elastic plates with a resilient cavity layer in
between. The finite plates and cavity layer are considered as a coupled
mechanical acoustical system. As for the beam model, the classical thin
plate theory, the acoustic wave equations and the simply supported boun-
dary conditions were used. The main input variables for the model are the
properties of the constituent single panels, the distance between the panels
and the properties of the cavity spring. The model considers no interpanel
connections between the plates of the double panel partition.
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Figure 5.1: Two-dimensional illustration of a double panel partition with
internal vibration absorbers.

Since the beam model and the plate model were both derived by using the
modal expansion method (section 4.1), in the following the analysis of the
plate model is described in less detail.

The plate model formulations for the internal one-sided vibration absor-
ber are presented in the Appendix.

5.1 Host double panel partition

The host double panel partition consists of two simply supported plates of
length a, width b and uniform thickness h. For harmonic motion with time
dependence eiωt the transverse displacement of a plate can be written as

w(x, y, t) = ŵeiωt. (5.1)

For a single plate with pressure load p, Kirchhoff’s theory for thin plates
(Equation 4.1) gives the equation of motion as

D∇4w(x, y)−ω2m′′w(x, y) = p(x, y) (5.2)

where D is the complex plate bending stiffness, Equation 4.2.

Using the modal expansion method, the flexural displacement of a single
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plate is given by

w(x, y) =
∞

∑
n=1

∞

∑
m=1

qnmΦnm(x, y). (5.3)

The mode shape function Φnm for a simply supported single plate is writ-
ten as

Φnm(x, y) = sin
nπ

a
x sin

mπ

b
y. (5.4)

Therefore, substitution of w(x, y) and Φnm(x, y) into Equation 5.2 and sol-
ving the partial differentiation

∇4 =
∂4

∂x4 +
2∂4

∂x2∂y2 +
∂4

∂y4 (5.5)

leads to the modal wave number for the single panels of the host structure

k2
nm =

(nπ

a

)2
+

(mπ

b

)2
, (5.6)

see also Equation 4.11.

Since the plate model is based on the modal expansion method, depen-
ding on the maximum frequency ωmax, a certain number of modes need to
be considered in order to achieve a sufficient estimation of the structural
response of the host double panel structure. This number of modes invol-
ves the generated combinations of the mode counters along the x-direction
and the y-direction of the panels. Dependent on the dimensions of the pa-
nels the mode numbers N and M represent the highest mode generated
along the x and y-direction. The total number of panel mode combinati-
ons generated below ωmax is obtained for a panel with the area A by [72]

k2
b A

4π
(5.7)

where the bending wave number of a plate is given by kb = 4

√
ω2

maxm′′

B
.
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5.1.1 Continuous cavity spring

Figure 5.2 shows the double panel host structure with a continuous cavity
spring and an incident pressure p1.

p 1m ' ' 1 , w 1

m ' ' 2 , w 2

s ' ' c

x
y

Figure 5.2: Plate model of a double panel partition.

If across the panel the incident pressure load is a constant pressure p̂1, the
equations of motion of the host double panel partition is obtained from
the plate model as follows

D1∇4w1(x, y)−ω2ρ1h1w1(x, y) + s′′c (w1(x, y)− w2(x, y)) = p̂1

D2∇4w2(x, y)−ω2ρ2h2w2(x, y) + s′′c (w2(x, y)− w1(x, y)) = 0. (5.8)

Thus, the modal formulation for the equations of motion can be written as

D1

N

∑
n=1

M

∑
m=1

k4
nmq1,nmΦnm(x, y)−ω2m′′

1

N

∑
n=1

M

∑
m=1

q1,nmΦnm(x, y)

+s′′c

(
N

∑
n=1

M

∑
m=1

q1,nmΦnm(x, y)−
N

∑
n=1

M

∑
m=1

q2,nmΦnm(x, y)

)
= p̂1

D2

N

∑
n=1

M

∑
m=1

k4
nmq2,nmΦnm(x, y)−ω2m′′

2

N

∑
n=1

M

∑
m=1

q2,nmΦnm(x, y)

+s′′c

(
N

∑
n=1

M

∑
m=1

q2,nmΦnm(x, y)−
N

∑
n=1

M

∑
m=1

q1,nmΦnm(x, y)

)
= 0. (5.9)
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Multiplying by Φrq(x, y) = sin
rπ

a
x sin

qπ

b
y, integrating over the surface

area A and using the following orthogonality condition

a∫

0

b∫

0

Φnm(x, y)Φrq(x, y) dxdy =





0 n 6= r or m 6= q
A
4

n = r and m = q



 (5.10)

leads to the matrix formulation for the double panel structure with con-
tinuous spring. Thus, the matrix formulation for the host double panel
partition is obtained by the plate model as

(
−ω2Mnm + Knm

)
qnm = Qnm (5.11)

where the mass matrix Mnm and the stiffness matrix Knm are given by

Mnm =
A
4

[
m′′

1 0
0 m′′

2

]
, Knm =

A
4

[
D1k4

nm + s′′c −s′′c
−s′′c D2k4

nm + s′′c

]

and the generalized amplitude vector qnm and force vector Qnm are

qnm =

[
q1,nm

q2,nm

]
, Qnm =

[
Qnm

0

]
.

For the constant pressure load p̂1 the generalized force can be written as

Qnm =
a∫

0

b∫

0

p̂1Φnm(x, y) dxdy =
p̂1A

nmπ2 (1− cos nπ)(1− cos mπ). (5.12)

In the case that both n and m are odd numbers the solution of the integral
can be simplified to

Qnm =
4p̂1A
nmπ2 . (5.13)

Otherwise the generalized pressure force Qnm is zero.
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5.1.2 Fluid loads

If the fluid loads at both sides of the partition are taken into account, for an
normally incident plane wave pressure load p0 with constant amplitude
p̂0 across the panel the mass matrix Mnm and the generalized force vector
Qnm in Equation 5.11 have to be modified using the results of section 3.1.1.
Thus, assuming for normal sound incidence the radiation efficiency σ =
1 leads for the mass matrix Mnm and the generalized force vector Qnm to
(see Equation 3.11)

Mnm =
A
4

[
m′′

1 − i ρ0c0
ω 0

0 m′′
2 − i ρ0c0

ω

]
Qnm =




8p̂0A
nmπ2

0


 . (5.14)

For oblique sound incidence the pressure field incident at the surface of
the partition is given by

p(x, y) = p̂0ei(−kxx−kyy). (5.15)

a

b

y

z

x

q

f

Figure 5.3: Sound field impinging on the plate.
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For the two-dimensional plate model, the sound incidence is defined by
the two angles θ and φ as illustrated in Figure 5.3. With kp = k0 sin θ being
the wave number of the wavefront convecting over the plate at the direc-
tion φ, the trace wave numbers in x and y direction are kx = kp cos φ and
ky = kp sin φ.

Above, the modal expansion method was applied by multiplying with
Φrq(x, y), integrating over the surface area A and using the orthogonality
condition (Equation 5.10). Thus, the generalized pressure force at oblique
sound incidence is given by

Qnm = 2
a∫

0

b∫

0

p̂0ei(−kxx−kyy)Φnm(x, y) dxdy. (5.16)

Using Equation 4.29 the solution of the integral yields

Qnm = 2p̂0Ajx jy (5.17)

where

jx(n, kn, kx) = 1
nπ

(
1−( kx

kn )2)
(

1− (−1)ne(−inπ kx
kn )

)

jy(m, km, ky) = 1

mπ

(
1−

( ky
km

)2
)

(
1− (−1)ne

(
−imπ

ky
km

))

which is valid for kx 6= kn and ky 6= kn. For more information about this
critical condition see section 4.1.2.

Concerning the fluid loads at both sides of the partition, the double panel
partition with continuous cavity spring and plane wave pressure load at
oblique incidence is described by the substitution of the generalized pres-
sure force Qnm (Equation 5.17) and the following mass matrix Mnm into
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Equation 5.11.

Mnm =
A
4

[
m′′

1 − i ρ0c0
ω cos θ 0

0 m′′
2 − i ρ0c0

ω cos θ

]
(5.18)

5.1.3 Discrete cavity springs

For a normally incident sound pressure load p0, Figure 5.4 illustrates the
input parameters for the plate model when the cavity spring consists of
equally distributed discrete cavity springs.

F 1 , s

F 2 , s

x s , y s

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s c

x
y

Figure 5.4: Plate model of a double panel partition with discrete cavity
springs at incident plane wave pressure.

The harmonic point force at position xs, ys is described by

F(xs, ys, t) = F̂eiωtδ(x− xs)δ(y− ys). (5.19)

With reference to the analysis in section 4.1.3, the generalized force Qnm

corresponding to the point force F(xs, ys, t) is obtained as

Qnm(t) =
a∫

0

b∫

0

F(xs, ys, t)Φrq(x, y) dxdy = F̂eiωtΦrq(xs, ys) (5.20)
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with the mode shape function Φrq(x, y) = sin
rπ

a
x sin

qπ

b
y.

Thus, the generalized coupling force acting on the panels of the double
panel partition is given by

Qnm,s(t) = sc(w1(xs, ys)− w2(xs, ys))eiωtΦrq(xs, ys). (5.21)

By substitution of the transverse displacement

w(xs, ys, t) =
N

∑
n=1

M

∑
m=1

qnm(t)Φnm(xs, ys) (5.22)

the analysis of the modal expansion method yields the generalized coup-
ling force

Qnm,s = sc

(
N

∑
n=1

M

∑
m=1

Φnm(xs, ys)Φrq(xs, ys)(q1,nm − q2,nm)

)
. (5.23)

For J springs distributed throughout the panels, the generalized force Qnm

is obtained as

Qnm(t) =
J

∑
j=1

F̂jeiωtΦrq(xj, yj) (5.24)

which yields for the generalized coupling force

Qnm,s = sc

J

∑
j=1

(
N

∑
n=1

M

∑
m=1

Φnm(xj, yj)Φrq(xj, yj)(q1,nm − q2,nm)

)
. (5.25)

The host double panel partition with J discrete cavity springs at positions
xj, yj is described for all angles of incidence by the matrix formulation as

(
−ω2M + K

)
q = Q (5.26)

with the mass matrix M =

[
M1 − i ρ0c0 A

4ω cos θ 0
0 M2 − i ρ0c0 A

4ω cos θ

]

87



where the diagonal matrix Mi =
A
4

[
m′′

i,nm 0
0 . . .

]
,

with the stiffness matrix K =

[
K1 + scΦΦT −scΦΦT

−scΦΦT K2 + scΦΦT

]

where the diagonal matrix Ki =
A
4

[
Dik4

nm 0
0 . . .

]
,

and with the mode shape matrix Φ =

[
Φnm,j · · ·

... . . .

]
.

The vector q =

(
q1

q2

)
includes the vectors for the generalized amplitu-

des qi =

(
qi,nm

...

)
, and the vector Q =

(
Qnm

0

)
consists of the generalized

pressure force Qnm =

(
Qnm

...

)
, with Qnm given by Equation 5.17.

For normal sound incidence, the generalized pressure force is written as
in Equation 5.14.
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5.1.4 Sound reduction index

For the plate model, the incident power of a plane wave pressure at arbi-
trary angle of incidence θ is given by

Pi(θ) =
|p0|2A
2ρ0c0

cos θ. (5.27)

The radiated sound power of the double panel partition described by the
generalized coordinate q2 can be written as

Prad(θ) =
σρ0c0

2

a∫

0

b∫

0

|ω
N

∑
n=1

M

∑
m=1

q2,nm(θ)Φnm(x, y)|2 dxdy. (5.28)

Using the orthogonality condition (Equation 5.10) yields

Prad(θ) =
ρ0c0ω2A

8

N

∑
n=1

M

∑
m=1

|q2,nm(θ)|2σnm. (5.29)

The sound power radiation efficiency σnm for each mode of the panels is
described by an integral formulation provided by Wallace [76], see also
Figure 4.5.

σnm =
64k2

0ab
n2m2π6

π/2∫

0

π/2∫

0




cos
sin

(
α
2

) cos
sin

(
β
2

)

((
α

mπ

)2 − 1
) ((

β
nπ

)2 − 1
)




2

sin ξdξdϕ (5.30)

The cos(α/2) function is used when m is an odd integer and the sin(α/2)
is used when m is an even integer. Similarly the cos(β/2) function is used
when n is an odd integer and the sin(β/2) when n is an even integer. The
variables α and β in Equation 5.30 are written as

α = k0a sin ξ cos ϕ

β = k0b sin ξ sin ϕ.
(5.31)

89



Therefore, for plane wave sound the sound transmission coefficient (Equa-
tion 3.12) for normal sound incidence is given by

τ =
ρ2

0c2
0ω2

4|p2
0|

N

∑
n=1

M

∑
m=1

|q2,nm|2σnm. (5.32)

The sound transmission coefficient for oblique sound incidence can be
written as

τ(θ, φ) =
ρ2

0c2
0ω2

4|p2
0| cos θ

N

∑
n=1

M

∑
m=1

|q2,nm(θ, φ)|2σnm. (5.33)

For an incident diffuse field the sound transmission coefficient is obtained
using the weighting function of Pierce [9] for panels

τdi f f =

2π∫
0

π/2∫
0

τ(θ, φ) sin θ cos θ dθdφ

2π∫
0

π/2∫
0

sin θ cos θ dθdφ

=
1
π

2π∫

0

π/2∫

0

τ(θ, φ) cos θ sin θ dθdφ.

(5.34)
The sound transmission loss of the host double panel partition with the
dimensions 1 x 1m was calculated using the plate model. As for the be-
am model, 1 mm steel panels with a mass per unit area of 7.8 kg/m2 were
selected for the double panel partition. For the 20 mm air cavity of the
construction, the MAM-resonance appears at 215 Hz. A damping factor
η=0.01 was used for the panels and the air gap.

For normal sound incidence, Figure 5.5 presents the sound reduction in-
dex of the host double panel partition for the frequencies of major inte-
rest below 1000 Hz. The sound reduction index shows the same general
aspects as already discussed for the beam model, see section 4.1.4. In fact,
Figure 4.7 for the beam model and Figure 5.5 for the plate model show si-
milar results. Depending on the frequency range considered, the numbers
of modes used for these calculations were calculated by Equation 4.21 for
the beam model calculation (e.g. min. 20 modes for frequencies up to 1000
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Hz) and by Equation 5.7 for the plate model calculation (this study used
in general 500 modes for frequencies up to 1000 Hz).
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Figure 5.5: Sound reduction index of the host double panel partition at
normal sound incidence, using the plate model.

In Figure 5.5 beyond the MAM-resonance the sound reduction index drops
at frequencies related to individual flexural modes of the equal panels.
For example, the mode n=1, m=11 cause the dip in the sound reduction
at 300.3 Hz. Since the investigated host double panel partition has equal
length and width the mode n=11, m=1 also occurs at 300.3 Hz. Further pa-
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nel modes which cause the deterioration in the sound reduction shown in
Figure 5.5 are:

n / m Hz n / m Hz

1 / 13 419,3 13 / 1 419,3
1 / 15 557,4 15 / 1 557,4
1 / 17 715,3 17 / 1 715,3
1 / 19 892,9 19 / 1 892,9

For the calculation of the diffuse field sound transmission loss, the nu-
merical routine for each frequency needs to be computed for a sufficient
number of angles θ and φ. The entire research for this thesis was carried
out on a laptop computer system with a 1.4 GHz processor. In fact, a calcu-
lation for the beam model for a frequency range up to 20000 Hz requires
approximately one week time. Since the Matlab student edition was the
only available numerical software package for this work, a faster calcu-
lation routine using e.g. three dimensional matrices was impossible due
to the limitations of the student edition. On the other hand, at this stage
of the project the major interest was to present the fundamental concepts
and principles of internal vibration absorbers. In the following parame-
ter study in chapter 6, this aim was achieved by beam model calculations
for a frequency range up to 20000 Hz and plate model calculations up
to 1000 Hz. In this thesis calculations were carried out for normal sound
incidence using the beam and plate model. For oblique sound incidence,
calculations were only performed for the beam model.
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5.2 Two-sided vibration absorber

5.2.1 Continuous vibration absorber

For the continuous two-sided vibration absorber, the coupling forces due
to the two-sided vibration absorber are described using the coefficients R1

to R3 of Equation 4.64. Figure 5.6 presents the plate model of the double
panel partition with continuous two-sided vibration absorber.

p 0m ' ' 1 , w 1

s ' ' c

x
y

m ' ' 2 , w 2

m ' ' r
s ' ' 1

s ' ' 2

P 1

P 2

Figure 5.6: Plate model of a double panel partition with continuous cavi-
ty spring and continuous two-sided vibration absorber for an
incoming plane wave pressure load.

The matrix formulation of the plate model for the double panel partition
with continuous cavity spring and continuous two-sided vibration absor-
ber is obtained as

(
−ω2Mnm + Knm

)
qnm = Qnm (5.35)

where

Mnm =
A
4

[
m′′

1 − i ρ0c0
ω cos θ 0

0 m′′
2 − i ρ0c0

ω cos θ

]
,

qnm =

[
q1,nm

q2,nm

]
, Qnm =

[
Qnm

0

]
.
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For Qnm refer to Equation 5.26.

Accounting for the two-sided vibration absorbers the stiffness matrix is
given by

Knm =

[
D1k4

nm
A
4 + s′′c A

4 + R1 −s′′c A
4 − R2

−s′′c A
4 − R2 D2k4

nm
A
4 + s′′c A

4 + R3

]
. (5.36)

5.2.2 Continuous cavity spring and discrete vibration ab-

sorbers [77, 78]

p 0m ' ' 1 , w 1

s ' ' c

x
y

m ' ' 2 , w 2

m r

s 1

s 2

F 1 , s

F 2 , s

Figure 5.7: Plate model of a double panel partition with continuous cavity
spring and discrete two-sided vibration absorber for an inco-
ming plane wave pressure load.
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For discrete two-sided vibration absorbers the following formulations are
used

R1 =
(ω2

2r
−ω2)mr

1 +
ω2

2r

ω2
1r

− ω2

ω2
1r

R2 =
ω2

2r
mr

1 +
ω2

2r

ω2
1r

− ω2

ω2
1r

R3 =
(ω2

1r
−ω2)mr

1 +
ω2

1r

ω2
2r

− ω2

ω2
2r

. (5.37)

Thus, the concept of locally distributed two-sided vibration absorbers that
are implemented into the cavity of a double panel partition is described
by the stiffness matrix

K =

[
K1 + Sc + R1ΦΦT −Sc − R2ΦΦT

−Sc − R2ΦΦT K2 + Sc + R3ΦΦT

]
,

with the diagonal matrices

Ki =
A
4

[
Dik4

nm 0
0 . . .

]
, Sc =

A
4

[
s′′c 0
0 . . .

]

and the mode shape matrix Φ =

[
Φnm,j · · ·

... . . .

]

substituted into Equation 5.26.
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5.2.3 Discrete cavity spring and discrete vibration absor-

bers

For the last arrangement, when both cavity spring and two-sided vibration
absorber are discrete, the matrix formulation of Equation 5.26 is written
using the stiffness matrix for I cavity springs and J absorbers as follows

K =

[
K1 + scΨΨT + ω2

r1mr1ΦΦT −scΨΨT

−scΨΨT K2 + scΨΨT + ω2
r2mr2ΦΦT

]
,

with the diagonal matrix

Ki =
A
4

[
Dik4

nm 0
0 . . .

]

and the mode shape matrices Ψ =

[
Φnm,i · · ·

... . . .

]
, Φ =

[
Φnm,j · · ·

... . . .

]
.

In this chapter formulations for finite double panel partitions with internal
two-sided vibration absorbers were derived. Number, distribution and re-
sonance frequency of the internal vibration absorbers can be predesigned
for a required sound transmission loss. Using the plate model, first results
for the double panel host partition with different number and distribution
of internal two-sided vibration absorbers are presented in the following
parameter study.
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Chapter 6

Parameter study

Using the derived analytical models, the concept of internal vibration ab-
sorbers was analysed for low frequency sound transmission. In particular,
this thesis aimed to present an increase of the sound reduction index at
the MAM-resonance. Hence, the focus of the following parameter study
was on the frequency range around the MAM-resonance of the host dou-
ble panel partition. In order to design internal vibration absorbers having
identical resonance frequency as the MAM-resonance, a tuning approach
is presented. Results for different number and distribution of two-sided vi-
bration absorbers provide fundamental evidence for the potential of inter-
nal resonators as solution for the reduction of sound transmission at struc-
tural resonances. The calculations are carried out using the mass-spring
model, the beam model for continuous and discrete absorber springs and
the plate model for continuous and discrete absorber springs.

Additionally, the issue of broadening the frequency range of the resonance
effect is discussed in terms of the advantages of wideband vibration absor-
bers.
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6.1 Tuning of the internal vibration absorbers

Since the two-sided vibration absorber is connected to the host double pa-
nel structure by two springs, the resonance of the implemented vibration
absorbers could not be calculated by the general mass-spring formulati-
ons of a vibration absorber. In principle, the implementation of internal
vibration absorbers is based on the idea of increasing the resistance of the
host structure due to the motion of a resonant system. In the ideal case,
this leads to high motion of the absorber mass and zero motion of the host
structure.

If the mass of the internal absorber is much smaller than the mass of the
panels, the mass-spring model of the two-sided vibration absorber (secti-
on 3.3) can be simplified at resonance of the internal absorber, as shown in
Figure 6.1.

m ' ' rs ' ' 1 s ' ' 2

Figure 6.1: Simplified representation of the two-sided vibration absorber
at resonance.

With this simplified representation the resonance frequency ωr of the two-
sided vibration absorber is determined by

ω2
r =

s′′1 + s′′2
m′′

r
. (6.1)

By applying internal vibration absorbers, it is intended to reduce the moti-
on of the radiating panel at a certain frequency which consequently leads
to a reduced sound radiation and thus an increase in the sound transmis-
sion loss of the host structure. Taking into account the general behaviour
of a vibration absorber, at resonance, the absorber mass moves out of pha-
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se to the host structure. In the case of the double panel partition under
investigation, this yields the following assumption. If the two-sided vi-
bration absorber is tuned to the MAM-resonance of the host double panel
partition, the radiating panel is ideally at antiresonance with zero motion
and the motion of the absorber mass is out of phase to the motion of the
incident panel. Using the mass-spring model, this fundamental considera-
tion of the implementation of internal vibration absorbers is shown for the
two-sided vibration absorber in Figure 6.2.

m ' ' rs ' ' 1 s ' ' 2

F 1 m ' ' 1

s ' ' c

Figure 6.2: Mass spring representation of the two-sided vibration absorber
at resonance.

where ωr = 2π fr, and fr represents the MAM-resonance frequency.

Thus, for an input force F1 the resonance frequency of the two-sided vi-
bration absorber is obtained by substituting the antiresonance condition
v2/F1 = 0 into the mass-spring model as (see Appendix B)

ω2
r =

s′′c (s′′1 + s′′2 ) + s′′1 s′′2
m′′

r s′′c
. (6.2)

In the following parameter study both Equation 6.1 and Equation 6.2 were
used for the tuning of the internal absorbers. The parameters of the in-
ternal absorbers were first estimated by Equation 6.1 followed by a fine
tuning using the more sophisticated Equation 6.2.
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6.2 Finite Element Model

The major interest of this thesis is the situation when the resonance of the
two-sided vibration absorber appears at the MAM-resonance. For a bet-
ter understanding of the physical principles at this specific relation bet-
ween the two-sided vibration absorber and the double panel host struc-
ture, the frequency dependent behaviour of the construction was visuali-
zed by using the Finite Element software package Ansys.

The input parameters of the finite element analysis were defined refer-
ring to the previous beam model. For the panels of the double panel par-
tition simply supported boundary conditions were assigned. The cavity
layer was defined as flexible only in the vertical axis using plane strain
elements. Plane strain elements were also used for the panels of the host
structure. Each internal absorber was modelled by a mass and two spring
elements. Figure 6.3 shows schematically the structural model for the dou-
ble panel partition with one two-sided vibration absorber per unit length.

p 0m ' ' 1 , w 1

m ' ' 2 , w 2

s ' c

x

Figure 6.3: Illustration of the finite element input mesh of the double panel
partition with two-sided vibration absorber.

For the 1 m long host double panel structure the following input parame-
ters were assigned using Plane 82 elements:
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Input-Mesh

Length l=1 m 100 divisions
1 mm steel panels 2 divisions
20 mm air gap 25 divisions
Structural damping 0.01

For the two-sided vibration absorber the springs are represented by two
Combin14 elements and the absorber mass is represented by one 2D Mass21
element.

Applying a unit line force Figure 6.4 presents the calculated real part of
the transverse displacement of the double panel host structure at 215 Hz.
As before, the double panel host structure is constructed with a 20 mm
air cavity and 1 mm steel panels. Each panel has a mass per unit area of
7.8 kg/m2. Therefore, the MAM-resonance appeared at 215 Hz. Throug-
hout the structure, nine two-sided vibration absorbers per unit length with
a total mass of 1 kg were attached. Each absorber was tuned to the MAM-
resonance assigning ωr1/(2π) = 100 Hz and ωr2/(2π) = 185 Hz as de-
fined on page 64. The calculation was performed for a panel and air gap
damping of η=0.01. For these parameters Equation 6.2 yields for ωr

2π = fr =
214.76Hz as the resonance frequency of the two-sided vibration absorber.
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Figure 6.4: Real part of the forced response of the transverse displacement
at 215 Hz without (upper figure) and with absorbers (lower fi-
gure). The absorbers masses are represented by the black dots.

This result reveals the desired reduced motion of the radiating panel (lower
panel) caused by the internal vibration absorbers. According to the finite
element mesh (Figure 6.3), the equilibrium point of the absorber mass is lo-
cated at the vertical centre of the construction. Therefore, the finite element
analysis shows that the absorber mass is moving in the opposite direction
to the incident panel which leads to the expected reduction in the trans-
verse displacement of the radiating panel and respectively in the sound
transmission.
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6.3 Absorber effect around MAM-resonance

In order to verify this effect of the two-sided vibration absorbers by the
derived models, the resonance of the vibration absorber was assigned to
various frequencies across a frequency range around the MAM-resonance.
For the host double panel partition with the MAM-resonance at 215 Hz, Fi-
gure 6.5 presents the sound reduction index of a frequency range from 150
to 280 Hz calculated by the mass-spring model. The total additional mass
of the internal vibration absorbers was kept constant at a value of 1 kg per
unit area. It was assumed that both springs of the two-sided vibration ab-
sorber have identical spring stiffness s′′1 and s′′2 .

Figure 6.5 reveals that only away from the MAM-resonance an absorber
effect can be identified. Even if the two-sided vibration absorber was tu-
ned (section 6.1) to the MAM-resonance at 215 Hz, an absorber effect was
not detected in the sound reduction index of the double panel host struc-
ture.

The same result is observed in Figure 6.6, when the resonances of the vi-
bration absorbers were chosen within a smaller frequency range around
the MAM-resonance. It can be seen, that for the symmetric double pa-
nel partition consisting of panels with equal properties, the effect of a
two-sided vibration absorber with both springs having equal spring stiff-
ness vanishes towards the MAM-resonance. In the case of equal absorber
springs, at the MAM-resonance frequency the absorber mass is at rest at
its equilibrium position. The two panels of the structure move almost un-
affected in opposite direction as without internal absorbers, see also Figu-
re 6.4.

Using the mass-spring model for the two-sided vibration absorber (secti-
on 3.3), this structural behaviour of the symmetric construction (m′′

1 = m′′
2

and s′′1 = s′′2 ) is analytically determined by the eigenvalue solution of the
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Figure 6.5: Resonator effect across the MAM-resonance frequency range
calculated by the mass-spring model. (-·-) host double panel par-
tition m′′

1 = m′′
2 ; absorber resonance if s′′1 = s′′2 : (–) 173 Hz (–) 188 Hz

(–) 203 Hz (–) 215 Hz (- -) 234 Hz (- -) 242 Hz

following equation (see also Equation 3.20).

−ω2




m′′
1 0 0

0 m′′
r 0

0 0 m′′
1


 +




s′′c + s′′1 −s′′1 −s′′c
−s′′1 2s′′1 −s′′1
−s′′c −s′′1 s′′1 + s′′c


 = 0 (6.3)

Computing the eigenvectors and eigenvalues reveals the natural frequen-

cy of the structure at 221 Hz with the mode shape



−1
0
1


, e.g. for the
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Figure 6.6: Resonator effect adjacent to the MAM-resonance calculated by
the mass-spring model.(-·-) host double panel partition m′′

1 = m′′
2 ;

absorber resonance if s′′1 = s′′2 : (–) 203 Hz (–) 211 Hz (–) 215 Hz
(- -) 226 Hz (- -) 234 Hz

internal absorber with a resonance of 215 Hz (see Figure 6.6). This result
shows analytically the two panels of the structure moving in opposite di-
rection and the absorber mass being at rest.

On the other hand, with increasing frequency distance to the MAM-resonance,
the characteristic of the typical absorber effect is obtained. The sound re-
duction characteristic shows a resonance peak which is accompanied by a
dip, e.g. shown in Figure 6.6.
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6.4 Asymmetry and Reciprocity

The MAM-resonance can be influenced by the two-sided vibration absor-
ber introducing asymmetry into the structure. In this case, the internal vi-
bration absorber causes the expected effect, that a resonance dip in the
sound reduction characteristic is split into two dips with the absorber peak
at the tuned frequency (Equation 6.2) in between. One possibility to insert
asymmetry into the construction can be achieved by assigning different
spring stiffness to the two absorber springs. Figure 6.7 shows the sound
reduction index of different spring ratios s′′1

s′′2
of a two-sided vibration absor-

ber attached to the host double panel construction with 1 mm steel panels.
Low damping with η = 0.01 was applied to the double panel structure
and the absorbers. For each presented spring ratio, various absorber reso-
nances across the MAM-resonance are found. A rising absorber effect is
evident if the spring stiffness of the two internal absorber springs are in-
creasingly divergent.

For different mass ratios m′′
1 /m′′

2 Figure 6.8 shows the sound reduction
index of the host double panel structure without internal absorbers. The-
se double panel structures were studied with attached two-sided vibra-
tion absorbers consisting of a total absorber mass of 1 kg/m2 and absor-
ber springs with equal stiffness. The internal absorbers were tuned (see
section 6.1) to the MAM-resonance of the individual structures with diffe-
rent mass ratios. Figure 6.9 presents the calculated sound reduction index
using the mass-spring model.
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s’’1/s’’2=0.1
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s’’1/s’’2=0.25
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s’’1/s’’2=0.5
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s’’1/s’’2=0.75
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s’’1/s’’2=0.9

Figure 6.7: Mass-spring model: Sound reduction index across the MAM
for different spring ratios and m′′

1 =m′′
2 . (- -) without; (–) with ab-

sorber 107
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Figure 6.8: Sound reduction index of the double panel structure without
internal absorbers dependent on the mass ratio of the panels.
(–) host double panel partition m′′

1 = m′′
2 ; (–) m′′

1 /m′′
2 =0.75;

(–) m′′
1 /m′′

2 =0.5; (–) m′′
1 /m′′

2 =0.25
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Figure 6.9: Sound reduction index of the double panel structure with
different mass ratio of the panels and attached internal
absorbers (s′′1 =s′′2 ) calculated by the mass-spring model.
(–) host double panel partition m′′

1 =m′′
2 ; (–) m′′

1 /m′′
2 =0.75; (–)

m′′
1 /m′′

2 =0.5; (–) m′′
1 /m′′

2 =0.25

For two-sided vibration absorbers with different absorber springs an in-
creased absorber effect was observed for a higher degree of asymmetry.
Figure 6.9 shows, that this result is also true for two-sided vibration ab-
sorbers with equal springs, if an increased asymmetry is achieved by an
increased mass difference of the two panels of the double panel structure.

The absorber effect due to asymmetry in the structure is even increased if
additionally to the different mass of the two panels (Figure 6.9) the two ab-
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sorber springs have different spring stiffness. For the mass ratio m′′
1

m′′
2

= 0.5

and the spring ratio s′′1
s′′2

= 2 Figure 6.10 reveals this increase of the absorber
effect.
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Figure 6.10: Sound reduction index for the double panel partition with
both asymmetric panel masses m′′

1 /m′′
2 =0.5 and asymme-

tric absorber springs calculated by the mass-spring model.
(–) without internal absorber;(–) s′′1 = s′′2 ; (–) s′′1 /s′′2 = 2

If two-sided internal absorbers are implemented into a double panel con-
struction in order to achieve an increased sound reduction at the MAM-
resonance, an asymmetry in the structure is required. However, higher
absorber effect are achieved if mass ratio and spring ratio are different.
This can be concluded by comparing the sound transmission index of the
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double panel partition shown in Figure 6.11 and Figure 6.12. Using the
mass-spring model, Figure 6.11 shows the sound reduction index for the
double panel partitions with asymmetric configurations m′′

1
m′′

2
= 2, s′′1

s′′2
= 0.5

and m′′
1

m′′
2

= 0.5, s′′1
s′′2

= 2, when the total mass of the two panels was kept

constant at 15.6 kg
m2 and the total absorber mass was 1 kg

m2 .
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Figure 6.11: Sound reduction index for the double panel partition
with asymmetric panel masses and asymmetric ab-
sorber springs calculated by the mass-spring model.
(- -) double panel partition m′′

1 /m′′
2 =0.5 or m′′

1 /m′′
2 =2 without

internal absorber; (-·-) double panel partition m′′
1 /m′′

2 =2 with

asymmetric absorbers s′′1
s′′2

= 0.5; (–) double panel partition

m′′
1 /m′′

2 =0.5 with asymmetric absorbers s′′1
s′′2

=2
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It can be observed that these two results, which are identical, correspond
to sound transmission through the same panel configuration in opposite
directions.

10
2

10
3

0

10

20

30

40

50

60

70

Frequency [Hz]

S
ou

nd
 r

ed
uc

tio
n 

in
de

x 
[d

B
]

Figure 6.12: Sound reduction index for the double panel par-
tition with equal asymmetric mass and spring
ratios calculated by the mass-spring model.
(- -) double panel partition m′′

1 /m′′
2 =0.5 or m′′

1 /m′′
2 =2 without

internal absorber; (-·-) double panel partition m′′
1 /m′′

2 =0.5 with

asymmetric absorbers s′′1
s′′2

= 0.5; (–) double panel partition m′′
1 /m′′

2 =2

with asymmetric absorbers s′′1
s′′2

=2

Identical results for the sound transmission through the double panel par-
tition with internal absorbers were also obtained in Figure 6.12 for the dou-
ble panel panel configurations m′′

1
m′′

2
= 0.5, s′′1

s′′2
= 0.5 and m′′

1
m′′

2
= 2, s′′1

s′′2
= 2. As
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for the previous calculations shown in Figure 6.11, the total mass of the
two panels was 15.6 kg

m2 and the total absorber mass was 1 kg
m2 .

In fact, the sound reduction index is independent from the direction in
which sound is transmitted through the structure [33]. This reciprocity
principle of sound transmission was observed in Figure 6.11 and Figu-
re 6.12.
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Figure 6.13: Reciprocal sound reduction index of the host double panel

partition with m′′
1 =m′′

2 =7.8 kg
m2 and continuous two-sided vi-

bration absorber using the beam model. (- -) host double pa-

nel partition;(-·-) sound transmission with asymmetric absorbers
s′′1
s′′2

= 0.25; (–) opposite sound transmission with asymmetric ab-

sorbers s′′1
s′′2

= 4.
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Additionally, Figure 6.13 shows the reciprocity principle for the sound
transmission through the double panel host structure (page 62) with con-
tinuous two-sided vibration absorbers using the beam model (see section
4.3.1). The internal absorbers with the total mass of 1 kg

m2 were tuned to the

MAM-resonance with spring stiffness s′′1
s′′2

= 0.25 and s′′1
s′′2

= 4 ( s2
s1

= 0.25).

So far, the analysis above revealed a tuning approach for the two-sided vi-
bration absorber. If the absorber is designed in order to increase the sound
reduction at the MAM-resonance, a significant asymmetry in the structure
is required. In this case, the increase of the sound transmission loss due to
the internal absorbers is dependent on the degree of asymmetry achieved
by different spring or panel properties.

Consequently, for a highly asymmetric double panel construction with
two-sided vibration absorbers the implemented absorber systems can be
considered as a one-sided vibration absorber system (section 4.2). In fact,
the presented results for a double panel partition with implemented two-
sided vibration absorbers and high asymmetry (see Figure 6.7 for s′′1

s′′2
= 0.1)

revealed a similar significant increase in the sound transmission loss at the
MAM-resonance as a one-sided vibration absorber (Figure 4.10).

In conclusion, if both one-sided vibration absorbers and two-sided vibrati-
on absorbers are tuned with their resonance to the MAM-resonance, both
can be considered as a powerful measure for increasing the sound trans-
mission loss of a double panel lightweight construction. However, the
two-sided vibration absorber achieves the increased sound transmission
loss with hardly any mentioned constructional issues that are expected for
the one-sided vibration absorber. This was an important reason, why this
work was mainly devoted to the investigation of the two-sided vibration
absorber.
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6.5 Discussion of analytical models

Results of the previous section have shown, that the two-sided vibration
absorber can be applied to lightweight double panel partitions in order
to achieve a significant increase of the sound transmission index at the
MAM-resonance. Taking the required structural asymmetry into account
and using the presented tuning approach, the following parameter studies
present results of the sound transmission index for the host double panel
partition with various two-sided vibration absorbers using all three pre-
viously derived analytical models.

The host double panel partition for the following calculations consists of
1 mm steel panels having a mass per unit area of 7.8 kg/m2 and a 20 mm
air cavity, as defined in section 4.1.4. Hence, the MAM-resonance appears
at 215 Hz. Using the mass-spring model, the sound reduction index was
calculated first for two-sided vibration absorbers with a spring ratio s′′1

s′′2
of 0.5 and a total absorber mass of 1 kg/m2. Structure and absorber had
a damping factor of η = 0.01. Figure 6.14 shows the comparison of the
sound reduction index for the double panel partition with and without
two-sided vibration absorber.

In general, the effectiveness of a standard vibration absorber depends upon
two parameters, namely its mass and internal damping. If the damping is
increased then the vibration absorber is less effective, but its bandwidth in-
creases. This effect of an increased damping is shown in Figure 6.15. Using
the same host structure as for the calculation of Figure 6.14, both springs of
the two-sided vibration absorber had now a damping loss factor of η = 0.3
while the panels were still calculated with the damping factor η = 0.01.
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Figure 6.14: Sound reduction index of the host double panel partition with

two-sided vibration absorber ( s′′1
s′′2

=0.5) for normal sound in-
cidence calculated by the mass-spring model. (- -) without;

(–) with absorber
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Figure 6.15: Sound reduction index of the host double panel partition with

highly damped (η=0.3) two-sided vibration absorber ( s′′1
s′′2

=0.5)
for normal sound incidence calculated by the mass-spring mo-
del. (- -) without; (–) with absorber

Additionally, Figure 6.16 shows the results of the sound transmission in-
dex for the intermediate damping loss factors of the vibration absorbers
η = 0.1 and η = 0.03 in relation to the results of Figure 6.14. For this project
it can be concluded, using two-sided vibration absorbers the sound trans-
mission through the host structure under investigation can be reduced at
the MAM-resonance by a minimum of approximately 8 dB. In the case
of highly damped two-sided vibration absorbers, the MAM-resonance is
even not split into two dips adjacent to the absorber resonance peak. Thus,
highly damped two-sided vibration absorbers are a promising but limited
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measure for reducing the MAM-resonance effect.
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Figure 6.16: Sound reduction index of the host double panel partition with

two-sided vibration absorber ( s′′1
s′′2

=0.5) for normal sound inci-
dence calculated by the mass-spring model. The damping fac-
tors η = 0.01, η = 0.03 and η = 0.1 were assigned to the
absorbers. (- -) without absorber; (-) η=0.01;(-) η=0.03;(-) η=0.1;

Next, for a 1 m long beam, a comparison of the sound reduction index
with and without two-sided vibration absorber was calculated using the
beam model. The internal absorbers were considered to be attached at dis-
crete positions along the beams. Hence, the sound reduction index for the
double panel structure with internal absorbers was calculated using the
beam-model for continuous cavity spring and discrete vibrations absor-
bers (Equation 4.67).
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For the beams and absorber springs the damping loss factor η = 0.01 was
assigned. In this case, nine vibration absorbers with s′1

s′2
= 0.5 and the total

mass per unit length of 1 kg/m were equally spaced across the length of
the structure. The calculated result is presented in Figure 6.17. It can be
seen, that at normal sound incidence the peak due to the internal absorber
appears at the tuned frequency at 215 Hz. For the chosen arrangement of
nine absorbers per unit length, the sound reduction characteristic at fre-
quencies above and below the MAM-resonance remained unchanged.

The beam model provides the possibility of fast computation of normal
and oblique sound fields impinging on the structure. For this reason, in
this thesis the influence of the two-sided vibration absorber on the sound
reduction index was studied for normal and diffuse field sound incidence
using the beam model. In Figure 6.18, the diffuse sound reduction index
for the double panel partition with two-sided vibration absorbers is com-
pared to the plain host double panel partition. It can be seen, that besides
the typical absorber peak at 215 Hz, the internal absorbers have no fur-
ther effect on the sound transmission behaviour of the host partition. The
sound reduction index of the structure at higher frequencies and in parti-
cular at the coincidence frequency did not change.
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Figure 6.17: Sound reduction index of the host double panel partition with

9 equally spaced two-sided vibration absorbers ( s′1
s′2

=0.5) for
normal sound incidence calculated by the beam model. (- -) wi-

thout; (–) with absorber

Since the attached internal absorbers have low mass compared to the mass
of the panels, this result complies with the general theory of a vibration ab-
sorber. The design of the implemented absorbers should not include too
heavy absorber masses, since for high absorber masses the panels can be
pinned at the positions of the internal absorbers [32]. The ripples above
600 Hz are due to the radiation of higher order modes at resonance. At the
resonance frequencies of higher order modes, the sound reduction index
is reduced below the dominating characteristic of the first fundamental
panel mode at 2.5 Hz. Above 12000 Hz, the critical frequency of the steel
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Figure 6.18: Sound reduction index of the host double panel partition with

9 equally spaced two-sided vibration absorbers ( s′1
s′2

=0.5) for
diffuse sound incidence using the beam model. (- -) without;

(–) with absorber

panels is evident but is not affected by the assigned absorber distribution.

The sound reduction index of the double panel partition with nine ab-
sorber systems was compared for normal sound incidence with diffuse
sound incidence. This comparison is illustrated in Figure 6.19. At higher
frequencies the sound reduction index for diffuse sound incidence shows
the reduced characteristic as discussed in section 4.1.4. The differences in
the sound reduction index for diffuse and normal sound incidence was
not changed by the implementation of the two-sided vibration absorbers,
see also Figure 4.7.
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Figure 6.19: Comparison of the sound reduction index of the host double-
panel partition with 9 equally spaced two-sided vibration ab-

sorbers ( s′1
s′2

=0.5) for normal and diffuse sound incidence using
the beam model. (- -) normal sound incidence; (—) diffuse sound

incidence

As a consequence, if the two-sided vibration absorber is tuned to the MAM-
resonance, the internal absorber has negligible influence to the sound trans-
mission at frequencies below and beyond the MAM-resonance frequency.
Additionally, the behaviour of the internal vibration absorber is not chan-
ged by diffuse sound incidence.

The issue of number and position of the internal absorbers was studied
for the first time using the plate model (section 5.2.2). With reference to
the results for the mass and beam model presented above, the host double
panel partition remained unchanged. The two-sided vibration absorbers
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Figure 6.20: Sound reduction index of the host double panel partition
with 140 two-sided vibration absorbers ( s1

s2
=0.5) for normal

sound incidence using the plate model. (- -) without internal
absorbers;(—) with 140 internal absorbers

had in total the mass of 1 kg per unit area and were tuned to the MAM-
resonance using the spring ratio s1

s2
= 0.5. As input for the plate model

the double panel partition had the dimensions 1m x 1m. The fundamental
mode of the individual panels appears at 4.9 Hz. For normal sound inci-
dence Figure 6.20 shows the calculated sound transmission index for the
host double panel partition with 140 two-sided vibration absorbers. The
absorbers were distributed throughout the panel area using a net of 10
equally spaced absorbers along the length times 14 equally spaced absor-
bers along the width of the panel. At the MAM-resonance, the plate model
showed the expected absorber effect, which was already obtained by the
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beam model, see Figure 6.17.

This is only true for a rather high density of attached vibration absorbers.
The purpose of the plate model becomes more obvious when the number
of absorbers is reduced to 35, shown in Figure 6.21.
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Figure 6.21: Sound reduction index of the host double panel partition with
35 two-sided vibration absorbers ( s1

s2
=0.5) for normal sound

incidence using the plate model. (- -) without internal absorbers;

(—) with 35 internal absorbers

This time the net of absorbers throughout the panel area was decided as
5 equally spaced absorbers along the length times 7 equally spaced ab-
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sorbers along the width. The 35 two-sided vibration absorbers were again
tuned to the MAM-frequency and the overall mass of the absorbers was
kept at 1 kg/m2. It can be seen, that due to the reduced number of vibrati-
on absorbers the resonance peak appears at a slightly lower frequency and
is reduced in its amplitude. This effect is even increased, if only 25 equal-
ly distributed (5 x 5) two-sided vibration absorbers are implemented, see
Figure 6.22.
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Figure 6.22: Sound reduction index of the host double panel partition with
25 two-sided vibration absorbers ( s1

s2
=0.5) for normal sound

incidence using the plate model. (- -) without internal absorbers;

(—) with 25 internal absorbers
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It is assumed, a low number of vibration absorbers distributed across the
area of the construction reduce only an insufficient number of lower order
modes in their transverse amplitudes at 215 Hz. Accordingly, the overall
transverse response of the radiating panel at the MAM-resonance remains
almost unaffected. But this is only one possible explanation. The shift in
the frequency of the absorber peak for a smaller number of absorbers can
be an indication that a lower number of absorbers require a different absor-
ber tuning. However, using Equation 6.2 for various absorber resonance
frequencies across the MAM-resonance did not improve the result for 35
attached two-sided absorbers. On the other hand, any kind of relation bet-
ween the number and tuning of the absorbers was not considered for the
tuning approach of section 6.1. Therefore, an answer to this question needs
to be investigated by further studies. With the results above for locally dis-
tributed internal absorbers this study has shown the expected influence
due to a different number of locally attached absorbers. For further rese-
arch on efficient distributions of the internal absorbers, this study provides
the two dimensional plate model.
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6.6 Wideband two-sided vibration absorber

The previous calculations showed the relation of amplitude and frequency
bandwidth for the efficiency of lightweight two-sided vibration absorbers.
In general, a vibration absorber is effective only over a relatively narrow
frequency range. Increasing the damping will broaden the bandwidth of
the absorber effect at the expense of a rapidly reduced resonance ampli-
tude. Recently, another solution for a broadened effective bandwidth was
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Figure 6.23: Normalized absorber resonance frequency for an array of 1-10
absorbers.

presented, which is called wideband vibration absorber. A wideband vi-
bration absorber consists of an array of absorbers that are all tuned to
slightly different resonance frequencies. The absorbers were attached at
the same point of a flexible structure [79,80]. Based on the formulations of
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Brennan [81], Figure 6.23 illustrates the dependence of the absorber reso-
nance on the number of absorbers.

The origin of the idea of wideband vibration absorbers was found by an
investigation of Heckl [82], who investigated the propagation of bending
waves over a plate with one beam or with a periodic array of beams at-
tached. Heckl showed that the damping of a beam was considerably in-
creased over a wide frequency range by the attachment of many small
cantilevered strips of various lengths. Strasberg and Feit [83] derived a
simple expression for this kind of structures. The model considers the vi-
bration damping induced in a large main structure by a multitude of small
substructures attached to it, when each substructure is dissipating vibrato-
ry power at its frequencies of resonance. Most of the wideband vibration
absorbers studied were composed of multiple sprung masses. Maidanik
and Becker investigated wideband vibration absorbers using more elabo-
rate satellite oscillator systems. They presented a linear impedance analy-
sis [84] and an energy analysis [85].

Besides the wideband vibration neutralizer of Brennan [81], the idea of a
wideband vibration absorber was subject of practical applications for ex-
ample for the reduction of noise from a railway track [86] or even as sound
absorber [87].

An array of two-sided vibration absorbers with multiple tuning frequen-
cies can be also implemented into the cavity of a double panel structure.
Furthermore, the idea of internal vibration absorbers possessed always a
spatial aspect. Instead of attaching several multiple absorbers at the same
points of the structure, it is suggested to achieve the effect of a wideband
vibration absorber by distributing the absorbers with slightly different re-
sonance frequency across the double panel structure. In order to achieve
an equivalent wideband absorber effect, the single absorber systems of the
wideband absorber have to be attached to locations with equal dynamic
characteristic. Accordingly, at the MAM-resonance this approach depends
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on the modes that are excited at the frequency of the MAM-resonance.

Using the mass-spring model for 4 differently tuned two-sided vibration
absorbers (see section 6.1) with a damping loss factor η=0.01, Figure 6.24
presents the expected wideband absorber effect at the MAM-resonance.
The total mass of the absorbers was kept constant with the previously
used 1 kg/m2. With the spring ratio s1

s2
= 0.5 the absorbers were tuned

to the four frequencies 205 Hz, 215 Hz, 225 Hz and 235 Hz.
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Figure 6.24: Wideband absorber effect at the MAM-resonance for 4 diffe-
rent two-sided vibration absorbers.(- -) without; (–) with absor-

ber
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In comparison to the absorber effect due to internal absorbers that are on-
ly tuned to an equal frequency, the wide band absorber achieves better
results of a broader frequency range. For example, the minimums in Fi-
gure 6.24 are about 2 dB higher than for the narrow band absorbers in
Figure 6.14.

Even if these improvements look rather low, for specific conditions at low
frequencies such improvements can actually provide the required sound
transmission loss that makes the application of a lightweight structure
possible. For this reason, further research on complex distributions should
either use the wideband vibration absorber attached at single points of the
structure or realize the discussed spatial solution. However, this requires
more information about the vibrational modes involved in the generation
of the MAM-resonance and the corresponding influence of the two-sided
vibration absorbers.
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Chapter 7

Measurement

One essential aim of this thesis was to find experimental evidence for the
existence of the absorber effect at low frequencies in the sound reduction
index of double panel partitions. As mentioned in section 2.3, earlier mea-
surements on double panel structures with mass inclusions did not show
any effect in the sound transmission loss. These measurements were car-
ried out in typical sound transmission laboratories which turned out to be
just one step too early.

Therefore, at this early stage of the research on internal vibration absor-
bers, the experimental work of this thesis focused on fundamental results.
Therefore, a precise experimental representation of the derived analyti-
cal models was not considered. Instead, the main efforts were spent on the
first successful experimental generation of the absorber effect at the MAM-
resonance. Accordingly, it was considered as sufficient to prove the exis-
tence of the absorber effect by comparing the measured radiated sound
power level for a double panel structure with and without internal absor-
bers. It was also decided to start experimental investigations with samp-
les based on a smaller scale instead of measuring realistic double panel
partitions with the size of typical room dimensions. Thus, the use of the
available sound transmission laboratories was not intended.
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The following measurement was performed in a semi-anechoic chamber
where the double panel structure was mounted into an opening of the
room floor. The opening had the dimensions of 0.5 x 0.5 m. At 2.5 cm be-
low the surface of the floor, each dimension is reduced by 1 cm. Regarding
the required simply supported boundary conditions, Figure 7.1 shows a
sketch of the double panel structure mounted into the opening. While the
lower panel could be rested straight on the bottom frame of the opening
the upper panel had to be rested on four wooden bars having the dimen-
sions 0.5 x 0.5 x 2 cm. The four wooden bars were temporally fastened at
the upper edge of the opening.

For the suggested suspension the maximum thickness of the structure was
limited to the 2.5 cm between the lower suspension and the surface of the
room floor. Only if the structure is mounted flat with the floor surface,
a simply supported boundary condition with a sufficiently sound proof
frame could be achieved at the boundaries of the upper panel.

,71
 cm2.5
 cm0 . 5 / 0 . 5 / 2  c m  w o o d e n  b a r

Figure 7.1: Sketch of mounted sample.

The double panel structure consisted of 1 mm thick steel panels with a
mass per unit area of 7.8 kg/m2. The cavity was suggested to be a 23 mm
thick air cavity with no structural connections and a MAM-resonance at
about 200 Hz. For such a thin cavity layer of only 23 mm and a corre-
sponding MAM-resonance in the intended low frequency range, difficul-
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ties were encountered for the selection of an appropriate absorber spring
material. Using the tuning approach, for the two springs of the two-sided
vibration absorber a resilient material (yellow Sylomer) with a Young’s
modulus E = 0.35 N/mm2 and a damping loss factor η=0.23 was found.
The previously discovered necessary asymmetry was realized by the ab-
sorber springs. The first spring had a layer thickness of 4 mm and the se-
cond spring a thickness of 10 mm. The cross sectional area of the two-sided
vibration absorber with the dimensions 25 x 12 mm was 3 cm2. For this area
the 1 cm thick steel absorber mass had a weight of 25 g.

Figure 7.2: Open sample of double panel structure with two-sided vibrati-
on absorber.
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An array of 63 equally spaced two-sided vibration absorbers (total mass
1.575 kg) were implemented in rows of 9 x 7 absorbers as shown in Figu-
re 7.2 for the mounted sample.

10
2

10
3

0

10

20

30

40

50

60

70

Frequency [Hz]

S
ou

nd
 r

ed
uc

tio
n 

in
de

x 
[d

B
]

Figure 7.3: Plate model prediction of the measurement sample with lightly
damped absorbers. (–) without absorbers; (–) with absorbers

Prior to the measurement, the sound reduction index was predicted using
the plate model. Different to the actual two-sided vibration absorbers the
tuning approach was first carried out for lightly damped absorbers with
the low damping loss factor η=0.01. The predicted sound reduction index
for the final configuration with lightly damped absorbers is shown in Fi-
gure 7.3.
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In a second step, the sound reduction index was then predicted for the
actual damping of the internal vibration absorbers, see Figure 7.4.
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Figure 7.4: Plate model prediction of the actual measurement sample.
(–) without absorbers; (–) with absorbers

As far as the preparation of the measurement is concerned, both estimati-
ons revealed the necessary information for a first successful experimen-
tal detection of the absorber effect. However, due to the restrictions in
the measurement set-up, material selection and the corresponding con-
figuration of the internal vibration absorbers, the implementation of the
two-sided vibration absorbers increased the total mass of the double panel
structure by the mentioned amount of 1.575 kg. Since this is a mass incre-
ase to the sample structure of about 40 %, the calculated sound reduction
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index of the double panel sample with implemented internal vibration ab-
sorber presented in Figure 7.3 and Figure 7.4 reveal an expected increase
at low frequencies.

Figure 7.3 and Figure 7.4 illustrate an absorber effect in the sound reduc-
tion index next to the MAM-resonance. The amplitude was considered as
sufficient for the detection of an influence on the radiated sound power.
Consequently, the selected number of internal absorbers and the resulting
absorber density was also assumed to be sufficient.

Figure 7.5: Closed measurement set-up.

The sound power measurements in the semi-anechoic chamber were car-
ried out following the standard procedure of DIN EN ISO 3744 [88]. Above
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the sample, the sound pressure was measured on a hemisphere with a ra-
dius of 2 m. The comparison of the measured sound power radiated by
the sample with and without internal vibration absorbers is presented in
Figure 7.6

10
2

10
3

88

89

90

91

92

93

94

95

96

97

98

Frequency [Hz]

S
ou

nd
 p

ow
er

 le
ve

l [
dB

]

Figure 7.6: Comparison of the measured radiated sound power with
and without implemented two-sided vibration absorbers.
(–) without internal absorbers; (–) with the 63 internal absorbers

It can be seen that the implementation of two-sided vibration absorbers
reduced the transmitted sound through the double panel structure at the
MAM-resonance. Above, the tuning of the internal vibration absorbers
used for the measurement was presented. With regards to this tuning of
the absorbers it is assumed, that the reduction of the transmitted sound
power in the frequency range between 90 and 150 Hz can be assigned to
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the implemented two-sided vibration absorbers.

A complex issue in the measurement set-up was the edge of the upper
panel of the structure which was mounted at the level of the floor surface
(Figure 7.5). A significant amount of sound proof material was placed bet-
ween the edge of the structure and the boundary of the opening. This was
necessary to achieve a sufficient sound insulation and avoid the sound
from escaping directly from the cavity without being transmitted through
the upper panel. Unfortunately the sound proof material increased the to-
tal mass of the host structure and definitively the damping of the upper
radiating panel. Therefore, the MAM-resonance of the host structure ap-
peared in the frequency range from 90 Hz to approximately 150 Hz instead
of the predicted 200 Hz.

With the measurement of the sound power and the difficulties in the mea-
surement set-up a detailed analysis throughout the measured frequency
range was impossible. The main conclusion is drawn from the compari-
son of the measured sound power at the frequency area where the two
characteristics differ significantly. Except for the frequency range between
90 and 150 Hz the two sound power characteristics can be considered as
identical. Since the structures of the two measurements were kept abso-
lutely identical besides the implementation of the internal absorbers, the
differences between the two sound power characteristics can be related to
the internal absorbers. Although the two-sided vibration absorbers were
originally tuned to a MAM-resonance frequency at 200 Hz, the internal ab-
sorbers still achieved a significant reduction of the actual MAM-resonance
at the frequency range between 90 and 150 Hz. However, since the ab-
sorber resonance was tuned to a higher frequency, the absorbers were not
excited at resonance but the remaining effect was still sufficient to assume
the expected indication for a promising absorber effect.

Furthermore, due to constructional difficulties in the manual production
of the layers for the absorber springs, the absorbers may differ in their
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resonance frequencies and consequently spread over a broader frequency
range. In this case, the resonance effect is reduced in the amplitude and
appears over a broader frequency range. Therefore, the obtained results
were also interpreted taking this constructional issues into account.

Unfortunately a resilient material with less damping factor that would
have been suitable as absorber spring was not available. Such a spring
material could have revealed a sharp absorber effect within a narrow fre-
quency range.
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Chapter 8

Summary and Outlook

This thesis analysed the implementation of internal vibration absorbers
into double panel structures. Due to economical and environmental rea-
sons many engineering areas have an increased demand for multi-layer
lightweight constructions. Such multi-layer lightweight constructions ge-
nerally provide sufficient sound transmission loss at higher frequencies
but at low frequencies the sound transmission loss characteristic deterio-
rates significantly at the commonly known MAM-resonance.

Using internal vibration absorbers lightweight structures combine the be-
nefits at higher frequencies with the frequency dependent effect of local-
ly distributed internal resonators. At the beginning of this thesis a com-
prehensive literature research about fundamental and recent studies on
sound transmission through partitions and the related research on smart
materials was provided. The essential investigations over the last deca-
des established the basis for innovative solutions regarding troublesome
frequencies. In order to increase the sound transmission index at speci-
fic frequencies, several resonant concepts like Helmholtz-resonators, reso-
nant sonic materials or vibration absorbers were applied on lightweight
constructions. All of these studies have in common that they investigated
these solutions only for high frequencies. Yet, there are no investigations
taking lower frequencies and finite structures into account.
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Based on the research of embedded masses, this study on internal vi-
bration absorbers was initiated with a focus on the low frequency range
and finite structures. Hence, this thesis investigated the implementation
of vibration absorbers into the cavity of a double panel partition. Special
interest was given to the MAM-resonance of the double panel partition.
Considering the classical mass-spring attachment of vibration absorbers
to panels, in the case of a double panel partition the internal vibration ab-
sorbers were attached to either of the two panels or to both panels.

However, this thesis focused on a so called two-sided vibration absorber.
Regarding the research on sonic materials, the two-sided vibration absor-
ber is attached to both panels of a double panel partition. Similar to em-
bedded masses, the two-sided vibration absorber can simply be integrated
into the resilient cavity material already at the factory. Hence, this thesis is
different to earlier publications on mass inclusions, which only considered
the typical system of a vibration absorber with one absorber mass attached
to the structure by one spring, e.g. [54, 55, 66, 67, 89].

With the focus on low frequencies, this thesis is the first fundamental stu-
dy on the novel implementation of internal vibration absorbers into the
cavity of finite double panel structures. The intention of the thesis was
therefore to establish a fundamental analysis of the effect of internal vi-
bration absorbers. Using this analysis, the thesis had the major objective
to find first experimental evidence for an increase of the sound transmis-
sion loss at the MAM-resonance due to the resonance of internal vibration
absorbers.

Three analytical models were derived. With these models various assemb-
lies of internal vibration absorbers were investigated by their influence on
the sound reduction index of the double panel partition. For this purpose
the models computed the transverse displacement of the structure and the
corresponding sound radiation.
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First, the significant physical principles of the implemented internal vi-
bration absorbers were analysed by a mass-spring model. The mass-spring
model considered the panels of the double panel host partition as lumped
masses without flexural characteristics. The panels and the air gap we-
re described as a coupled mechanical acoustical system. In order to take
the modal behaviour of the two panels of the host structure into account,
a one-dimensional beam model has been derived for the analysis of the
transverse displacement of the double panel partitions with internal vi-
bration absorbers. Based on the modal expansion method, the beam mo-
del is entirely modal considering the contribution of each mode over the
frequency band of interest. By this means, the effect of internal vibration
absorbers on the structure can be determined for different locations and
numbers. As a third analytical model, a two-dimensional plate model was
derived for the estimation of the effect of internal vibration absorbers dis-
tributed across a finite structure. Thus, by the plate model a comprehen-
sive study on various two-dimensional distributions of internal absorbers
can be carried out. Actually, it is possible to study the efficiency of internal
vibration absorbers without extensive experimental efforts.

The results presented for a double panel partition with internal vibrati-
on absorbers revealed the sound reduction index of the double panel host
partition is unchanged apart from close to the tuned absorber resonance.
With a specific tuning approach the absorber effect was successfully tu-
ned to the MAM-resonance. Depending on the damping and a required
asymmetry in the structure, the application of internal vibration absorbers
achieved a promising increase in the sound reduction index. In particu-
lar for a reduced sound transmission at the MAM-resonance, the internal
vibration absorber is considered as a very efficient solution with all the
benefits of passive vibration control. The higher the degree of asymmetry
in the construction the higher the effect of the internal two-sided vibration
absorber at the MAM-resonance.

142



The absorbers were exceptionally tuned to low frequencies which revea-
led an unaffected characteristic at the coincidence. There was also no diffe-
rence between the effects for normal and diffuse sound incidence detected.
Hence, it was concluded that the internal vibration absorbers can be easily
combined with existing sound reduction solutions for higher frequencies,
such as for the limitation of the coincidence effect.

Since the plate model requires high computational effort only a few re-
sults were presented for the verification of the model and the discussion
on the number of internal absorbers. These results obtained the expected
dependency on the number of the internal absorbers. The internal absor-
bers were attached at specific locations. Finally, the promising numerical
results were extended by experimental evidence for a two-sided vibration
absorber tuned to the MAM-resonance. The measurements were carried
out in a semi-anechoic chamber. For the intended low-scale measurement
set-up, the tuning approach of this thesis revealed difficulties in the ma-
terial selection. The material selection is expected to be easier for larger
samples. Hence, a comprehensive material survey can provide the foun-
dation for measurements in ordinary sound transmission laboratories.

This thesis revealed essential analytical formulations, the principle of the
mechanism and the potential of a frequency dependent increase of the
sound reduction index of double panel partitions by the implementation
of internal vibration absorbers. Based on these results, following investiga-
tions should focus on efficient and practical configurations of internal vi-
bration absorbers. The sound transmission loss of intended measurement
samples should still be predicted using the analysis of this thesis prior to
any measurements in order to keep the experimental efforts on a low scale.

Subsequent analytical research on internal vibration absorbers requires an
increased access to computational resources. This will make the plate mo-
del a very powerful analytical tool for the investigation of the distribution
of implemented internal absorbers. The study on distributions should con-
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centrate on the number and locations of the absorbers. Afterwards, atten-
tion can be given to an efficient design of each individual internal absorber.

All these further considerations should always find a frequency depen-
dent increase in the sound transmission loss of the structure without a
significant mass penalty due to the additional absorber masses. It is sug-
gested to analyse distributions based on periodic, stochastic or pseudo-
random distributions. In particular, pseudo-random maximum-length se-
quences are already successfully used in room acoustics for sound absor-
bers and diffusors.

This thesis also discussed the application of wideband vibration absorbers
which should be continued. It is also expected to find interesting synergies
with vibration control approaches that are studied in the area of active vi-
bration control.

To sum up, once more it may be pointed out the fundamental character
of the study presented in this thesis. The application of internal vibrati-
on absorbers implemented into the cavity of double panel constructions
was studied for finite structures and low frequencies. The study establis-
hed fundamental formulations for the prediction of the effect due to the
attached internal vibration absorbers. Finally, this thesis accomplished a
measurement of internal two-sided absorbers. It is concluded that using
the provided analysis subsequent research on internal vibration absor-
bers can concentrate on specific commercial applications. The presented
results revealed a promising influence of internal vibration absorbers on
the sound reduction characteristic of double panel partitions. Particularly
the two-sided vibration absorbers can be successfully implemented into
the market as novel material for sound control.
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Appendix A

Plate model:One-sided vibration
absorber

A.1 Continuous vibration absorber

Using the angular resonance frequencies of the vibration absorbers ω2
r1 =

s′′1
m′′

r1
and ω2

r2 = s′′2
m′′

r2
, the continuous one-sided vibration absorbers are im-

plemented into the plate model by Equation 4.57. Therefore, the matrix
formulation describing the double panel partition with continuous cavity
spring and continuously distributed internal vibration absorbers is obtai-
ned by the plate model as

(
−ω2Mnm + Knm

)
qnm = Qnm (A.1)

where for oblique incidence

Mnm =
A
4

[
m′′

1 − i ρ0c0
ω cos θ 0

0 m′′
2 − i ρ0c0

ω cos θ

]
,

qnm =

[
q1,nm

q2,nm

]
, Qnm =

[
Qnm

0

]
.

The generalized pressure force Qnm was derived in Equation 5.17.
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The stiffness matrix Knm in Equation A.1 is given by

Knm =




D1k4
nm

A
4 + s′′c A

4 + ω2
r1m′′

r1

1−ω2
r1

ω2

−s′′c A
4

−s′′c A
4 D2k4

nm
A
4 + s′′c A

4 + ω2
r2m′′

r2

1−ω2
r2

ω2


 .

A.1.1 Continuous cavity spring and discrete vibration ab-

sorbers

The plate model for the double panel partition with locally distributed
one-sided internal vibration absorbers is shown in Figure A.2.

F 1 , s

p 0m ' ' 1 , w 1

s ' ' c m r 2

s 1

s 2 F 2 , s

m r 1

x
y

m ' ' 2 , w 2

Figure A.2: Plate model of a double panel partition with continuous cavity
spring and discrete one-sided vibration absorbers.
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For J internal one-sided vibration absorbers attached at the positions xs, ys

the plate model of the double panel host partition is obtained as

(
−ω2M + K

)
q = Q (A.2)

where the stiffness matrix is written as

K =




K1 + Sc + ω2
r1mr1

1−ω2
r1

ω2

ΦΦT −Sc

−Sc K2 + Sc + ω2
r2mr2

1−ω2
r2

ω2

ΦΦT


 ,

with the diagonal matrices

Ki =
A
4

[
Dik4

nm 0
0 . . .

]
, Sc =

A
4

[
s′′c 0
0 . . .

]

and the mode shape matrix Φ =

[
Φnm,j · · ·

... . . .

]
.

The mass matrix is given by

M =

[
M1 − i ρ0c0 A

4ω cos θ 0
0 M2 − i ρ0c0 A

4ω cos θ

]
with Mi =

A
4

[
m′′

i,nm 0
0 . . .

]
.

The vectors are q =

(
q1

q2

)
and Q =

(
Qnm

0

)
which include vectors for the

generalized amplitudes q1, q2 and for the generalized pressure force Qnm,
see Equation 5.26.
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Appendix B

Derivation of Equation 6.2

The mass-spring model for the host double panel structure with two-sided
vibration absorber as shown in Figure 3.9 is described by the following
equations of motion (see Equation 3.20).

iωr(m′′
1 − i

ρ0c0

ωr
)v1 +

1
iωr

(s′′c + s′′1 )v1 − 1
iωr

s′′1 vr − 1
iωr

s′′c v2 = F1 (B.1a)

iωrm′′
r vr − 1

iωr
s′′1 v1 +

1
iωr

(s′′1 + s′′2 )vr − 1
iωr

s′′2 v2 = 0 (B.1b)

iωr(m′′
2 − i

ρ0c0

ωr
)v2 − 1

iωr
s′′c v1 − 1

iωr
s′′2 vr +

1
iωr

(s′′2 + s′′c )v2 = 0 (B.1c)

Solving Equation B.1b and Equation B.1c for v1 and vr yields

v1 =

ω4
r m′′

r (m′′
2−i ρ0c0

ωr )
s′′1 s′′2

v2 − ω2
r m′′

r s′′c
s′′21

v2 − ω2
r m′′

r
s′′1

v2 − ω2
r m′′

r s′′c
s′′1 s′′2

v2

1− ω2
r s′′c m′′

r
s′′1 s′′2

+ s′′c
s′′2

+ s′′c
s′′1

(B.2a)

vr =
−ω2

r (m′′
2−i ρ0c0

ωr )
s′′2

v2 + s′′c
s′′1

v2 + v2 + s′′c
s′′2

v2

1− ω2
r s′′c m′′

r
s′′1 s′′2

+ s′′c
s′′2

+ s′′c
s′′1

(B.2b)
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Substitution of Equation B.2a and Equation B.2b for v1 and vr into Equati-
on B.1a leads for v2

F1
= 0 to

v2

F1
= 0 = 1− ω2

r s′′c m′′
r

s′′1 s′′2
+

s′′c
s′′2

+
s′′c
s′′1

(B.3)

Thus, the tuning equation Equation 6.2 is given by

ω2
r =

s′′c (s′′1 + s′′2 ) + s′′1 s′′2
m′′

r s′′c
. (B.4)
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